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                                        ABSTRACT 
Modern tactics for carrying out military and antiterrorist operations calls for the 
development of a new generation of enhanced portable infrared imagers. The high 
performance of these imagers relies on the focal plane arrays, which are maintained 
at cryogenic temperatures using rotary Stirling cryogenic engines. These engines are 
known as powerful sources of wideband vibration export. For the sake of weight 
and compactness, the enclosure of the above imager is usually designed in the form 
of a light metal thin-walled shell, accommodating a directly mounted Infrared 
Detector Dewar Cooler Assembly. The operation of the device typically leads to an 
excitation of the inherently lightly damped structural resonances and therefore, to a 
radiation of the specific acoustic signature capable of compromising the aural 
stealth of the IR imager. Such a “noisy” IR imager may be detected from quite a 
long distance using enhanced sniper detection equipment or even aurally spotted 
when used in a close proximity to the target. Numerous efforts were taken towards 
achieving the desired inaudibility level, apparently becoming one of a crucial figure 
of merit characterizing the portable IR imager. However, even the best examples of 
modern “should-be silent” imagers are quite audible from as far as 50 meters. The 
presented research intends to improve the aural stealth of the portable IR imager by 
using three different approaches: First, by compliantly mounting the Infrared 
Detector Dewar Cooler Assembly where the stiffness and damping of the vibration 
protective pad are optimized for the best acoustical performance without developing 
excessive line of sight jitter. Secondly, by using the concept of the ‘weak radiator’ 
to reshape the enclosure mode shapes, and finally developing a multi-modal 
distributed dynamic absorber (MMDA) to enhance the absorption of the vibrating 
structure. The multi-modal characteristic of such a dynamic absorber makes it 
highly dynamically reactive through a wide frequency range (20 kHz) of excitation. 
It will be shown that incorporating a MMDA into the vibrating structure will result 
in ultra range vibration attenuation, making the IR aurally silent. 
     
 
 
 
 
6 
Contents 
Section                                                                                                         Page No. 
       
1. INTRODUCTION ......................................................................................... 17 
1.1. Problem formulation ................................................................................. 17 
1.2. Objective of the study ............................................................................... 21 
1.3. Outline of thesis ........................................................................................ 21 
1.4. Contribution to Knowledge in this Research ............................................. 22 
2. CONTEMPORARY INFRARED IMAGING TECHNOLOGIES ................. 24 
2.1. Infrared Imaging explained ....................................................................... 24 
2.2. Photon Detectors – Cooled Detectors ........................................................ 26 
2.3. Thermal Detectors – Uncooled Detectors .................................................. 27 
2.4. Figures of Merit of IR Detectors ............................................................... 28 
2.4.1. Noise Equivalent Temperature Difference ......................................... 28 
2.4.2. Minimum Resolvable Temperature Difference .................................. 29 
2.4.3. Integration Time ................................................................................. 29 
2.4.4. Portability .......................................................................................... 29 
2.5. Cooled Detectors vs. Un-cooled Detectors ................................................ 30 
2.5.1. Noise Equivalent Temperature Difference Ratings ............................ 30 
2.5.2. Integration Time and Resolution ........................................................ 31 
2.5.3. Detection, Recognition and Identification Ranges ............................. 31 
2.5.4. Portability .......................................................................................... 33 
2.6. Concluding remarks .................................................................................. 33 
3. ACOUSTICAL STEALTH DESIGN PROCEDURE .................................... 34 
3.1. Optimal design of the vibration protective pad ......................................... 35 
3.1.1. Vibration Export from Cryogenic Engine .......................................... 36 
3.1.2. Formulation of Cryogenic cooler Mounted on an Imager Enclosure .. 37 
3.1.2.1. Equations of motion in the frequency domain ............................. 38 
3.1.2.2. Velocity field, Volume velocity and Acoustic mobility .............. 41 
3.1.2.3. The Complex Receptance of a Hinged-Hinged Beam ................. 41 
3.1.3. The Frequency Response of the Simplified Model ............................. 42 
     
 
 
 
 
7 
3.1.4. FE Model of a Cryogenic Cooler Mounted On a Simplified Imager 
Enclosure .......................................................................................................... 43 
3.1.5. Optimization Procedure ...................................................................... 44 
3.1.5.1. Optimal properties of the vibration protective pad – Stage One .. 45 
3.1.5.2. Incorporating the weak radiator concept – Stage Two ................. 46 
3.1.5.3. The expanded weak radiator concept .......................................... 48 
3.2. Concluding remarks .................................................................................. 51 
4. WIDEBAND CONTROL OF VIBRATION IN CONTINUOUS SYSTEMS 53 
4.1. Wideband Vibration Attenuation using TDA ............................................ 53 
4.2. “Energy Sink” Method .............................................................................. 54 
4.3. Multi Degree of Freedom TDA ................................................................. 56 
4.4. Surface Damping Treatment ..................................................................... 56 
4.5. Impact Vibration Absorber ........................................................................ 57 
4.6. Granular Damping ..................................................................................... 59 
4.7. Self Damping System ................................................................................ 61 
4.8. Distributed Dynamic Absorber – A Three Dimensional Self Damping 
System ................................................................................................................. 61 
4.9. Summary ................................................................................................... 63 
5. MULTI-MODAL DISTRIBUTED DYNAMIC ABSORBER ....................... 65 
5.1.1. One Dimensional Dynamic Absorber vs. Three Dimensional Dynamic 
Absorber ........................................................................................................... 65 
5.1.2. A 3D Dynamic Absorber Model ......................................................... 66 
5.1.3. Normal Modes of the 3D Tuned Dynamic Absorber .......................... 66 
5.1.4. Frequency Response Curves of a 3D and 1D TDA ............................ 69 
5.1.5. Beam vibration reduction using 1D and 3D Tuned Dynamic Absorbers
 70 
5.2. Multiple Cell 3D Dynamic Absorber ........................................................ 74 
5.2.1. Double-Cell 3D Dynamic Absorber ................................................... 74 
5.2.1.1. Normal Modes of a Double Cell 3D Dynamic Absorber ............. 75 
5.2.2. Quadruple Cell 3D Dynamic Absorber .............................................. 77 
5.2.2.1. Normal Modes of a Quadruple Cell 3D Dynamic Absorber ........ 78 
5.2.3. Nonacell 3D Dynamic Absorber ........................................................ 82 
     
 
 
 
 
8 
5.2.3.1. Normal Modes of Nonacell Dynamic Absorber .......................... 82 
5.3. Beam Vibration Reduction Using Multiple Cell Dynamic Absorber ......... 88 
5.3.1. Quad-cell Dynamic Absorber Performance ........................................ 88 
5.3.1.1. Frequency Response Curves of a Quad-cell Dynamic Absorber . 88 
5.3.1.2. Beam vibration reduction using a Quad-cell dynamic absorber .. 90 
5.3.2. Nonacell Dynamic Absorber Performance ......................................... 92 
5.3.2.1. Frequency Response Curves of a Nonacell Dynamic Absorber ... 92 
5.3.2.2. Beam vibration reduction using a Nonacell dynamic absorber .... 93 
5.4. Concluding remarks .................................................................................. 95 
6. ELASTO-INERTIAL DYNAMIC LAYER ................................................... 96 
6.1. The Design of Elasto Inertial Dynamic Layer ........................................... 96 
6.2. Normal Modes of a Plate with a Elasto Inertial Dynamic Layer ............... 98 
6.3. Plate Vibration Attenuation using Elasto Inertial Dynamic Layer .......... 103 
6.4. Vertical Mode Reshaping ........................................................................ 105 
6.5. The Influence of Cells Size on the EIDL Performance ........................... 106 
6.6. Influence of structural damping on Elaso Inertial Dynamic layers 
performance ....................................................................................................... 111 
6.7. Concluding Remarks ............................................................................... 112 
7. EXPERIMENTAL VALIDATION .............................................................. 113 
7.1. Experimental Validation for the Acoustical Stealth Design Procedure ... 113 
7.1.1. Plate with Rigidly Mounted Cryogenic Cooler ................................ 113 
7.1.2. Plate with cryogenic cooler mounted through a Vibration Protective 
PAD 115 
7.1.3. Adding a correction mass to further reduce the plate vibration export
 119 
7.1.4. Replacing the heavy correction mass with a lighter vibration absorber
 120 
7.1.5. Concluding remarks ......................................................................... 124 
7.2. Experimental Validation of the Multi-modal Dynamic ABSORBER ...... 125 
7.3. Experimental Validation of the concept of Elasto-Inertial Dynamic Layer
 131 
     
 
 
 
 
9 
7.3.1. Plate with an Embedded Elasto Inertial Dynamic Layer – 
Manufactured Specimens ................................................................................ 131 
7.3.2. Plate with an embedded Elasto Inertial Dynamic Layer – Frequency 
response curves ............................................................................................... 133 
7.3.3. Plate with an Embedded Elasto Inertial Dynamic Layer – 
Microphonics .................................................................................................. 137 
7.3.3.1. Finite element simulation validation ......................................... 141 
7.3.4. Plate with an Embedded Elasto Inertial Dynamic Layer – Conclusion
 142 
8. FINAL DISCUSSION AND CONCLUSION .............................................. 143 
8.1. Future work ............................................................................................. 144 
9. BIBLIOGRAPHY ........................................................................................ 146 
APPENDIX A: AURAL UNDETECTABILITY DISTANCE MEASUREMENT OF 
MILITIARY GRADED IR IMAGER PER MIL-STD 1474D ............................... 152 
APPENDIX B: FINITE ELEMENT DAMPING MODELS .................................. 155 
 
     
 
 
 
 
10 
List of Figures 
Description                                                                                                 Page No. 
Figure 1- Handheld IR imager - Courtesy of ELOP ................................................ 18 
Figure 2 - IDDCA - Courtesy of RICOR ................................................................ 19 
Figure 3 – The Electromagnetic Spectrum .............................................................. 25 
Figure 4 – Single pixel structure (left), Section view (right) (Binbin Jiao 2006) .... 27 
Figure 5 – Working principle of the FPA (Binbin Jiao 2006) ................................. 28 
Figure 6 – Probability of detection, recognition, and identification versus range ... 32 
Figure 7 – Measured time history acceleration export from a cryogenic cooler ...... 36 
Figure 8 – Measured spectrum of vibration export produced by IDDCA ................ 37 
Figure 9 - A simplified model of typical IR imager enclosure ................................ 38 
Figure 10 - Acoustic mobility of a steel beam with rigidly mounted cryogenic cooler
 ................................................................................................................................ 42 
Figure 11 - FE model of a steel beam with rigidly mounted cryogenic cooler ........ 43 
Figure 12 - Acoustic mobility of a steel beam with rigidly mounted cryogenic 
cooler; FE simulation results (grey line) vs. analytical calculation (black line). ..... 44 
Figure 13 - Acoustic mobility curves of a beam with the cryogenic cooler mounted 
through a vibration protective pad (with PAD) and rigidly connected (no PAD) .... 46 
Figure 14 - A. Strong radiator- volume velocity is maximum; B. Weak radiator – 
volume velocity is zero. .......................................................................................... 47 
Figure 15 - A. Strong radiator- volume velocity is high; B. Weak radiator – volume 
velocity is zero. ....................................................................................................... 47 
Figure 16 - Acoustic mobility curves of the beam with a correction mass and a 
cryogenic cooler mounted through a vibration protective pad ................................ 48 
Figure 17 - Acoustic mobility curves of a beam with a TDA and a cryogenic cooler 
mounted through a vibration protective Pad ........................................................... 51 
Figure 18- A Schematic description of a primary deformable structure (M) ........... 55 
Figure 19- Surface treatments: Free layer (left), Constraint layer (right) (Rao 2003)
 ................................................................................................................................ 57 
Figure 20- Types of IVA’s: (a) Single-unit, (b) multi-unit, .................................... 58 
Figure 21- Three modes of granular behaviour (Fang, Tang 2006) ......................... 60 
     
 
 
 
 
11 
Figure 22- Schematic model of DDA – Side view (upper sketch), Top view (lower 
sketch) .................................................................................................................... 63 
Figure 23 – Typical vibration isolator often used in commercial 1D TDA systems 65 
Figure 24 – FE model of a 3D mass-spring-damper structure. ................................ 66 
Figure 25- TDA 1st mode: 641Hz – X translation (lateral) ...................................... 67 
Figure 26- TDA 2nd mode : 641Hz – Z translation (lateral) .................................... 67 
Figure 27- TDA 3rd mode : 813Hz – Y Rotation .................................................... 67 
Figure 28- TDA 4th – 5th mode: 1596Hz – X, Z Rotation ........................................ 68 
Figure 29- TDA axial modes (Y translation): ......................................................... 68 
Figure 30 – Frequency response curves of a 1D TDA (blue) and 3D TDA (pink) .. 69 
Figure 31 – Three cases of simply supported beam: ............................................... 71 
Figure 32 – frequency response curves for three cases of simply supported beam .. 72 
Figure 33 – Close-up view of the two resonance peaks from Figure 32 .................. 73 
Figure 34 – Double Cell 3D Dynamic Absorber ..................................................... 74 
Figure 35- 1st mode: 653Hz – Z Symmetric translation (single cell 641Hz) ........... 75 
Figure 36- 2nd mode: 734Hz – Z Asymmetric translation ....................................... 75 
Figure 37- 3rd mode: 758Hz – X symmetric translation (single cell– 641Hz) ........ 75 
Figure 38- 4th mode: 1219 – Y Bending ................................................................. 76 
Figure 39- 5th mode: 1565Hz – X Asymmetric translation ..................................... 76 
Figure 40- 6th mode: 1606Hz – X Rotation (single – 1596Hz) ............................... 76 
Figure 41- 7th mode: 1627Hz – X Asymmetric Rotation ........................................ 77 
Figure 42- 8th mode: 1789Hz – Z symmetric Rotation ........................................... 77 
Figure 43 – Quadruple Cell 3D Dynamic Absorber ................................................ 78 
Figure 44 –1st and 2nd mode: 765Hz – X,Z  Symmetric translation (single cell 
641Hz) .................................................................................................................... 78 
Figure 45 –3rd mode : 781Hz – Y symmetric rotation ............................................. 79 
Figure 46 –4th mode: 1177Hz – X-Z in-Plane Shear ............................................... 79 
Figure 47 –5th mode: 1407Hz .................................................................................. 79 
Figure 48 –6th mode: 1532Hz .................................................................................. 80 
Figure 49 –7th mode: 1532Hz .................................................................................. 80 
Figure 50 –8th mode: 1587Hz .................................................................................. 80 
Figure 51 – 9th mode: 1687Hz – Y translation (axial) (single cell-1982Hz) ............ 81 
     
 
 
 
 
12 
Figure 52 –10th and 11th mode: 1803Hz .................................................................. 81 
Figure 53 –12th and 13th mode: 1832Hz .................................................................. 81 
Figure 54 – Nonacell Dynamic Absorber ................................................................ 82 
Figure 55 – 1st and 2nd mode: – 785Hz X, Z Symmetric translation (785Hz Quad-
cell) ......................................................................................................................... 83 
Figure 56 – 3rd mode : – 796Hz  Y  Symmetric uniform rotation (781Hz - Quad-
cell) ......................................................................................................................... 83 
Figure 57 – 4th mode: – 995Hz X, Z Symmetric translation (1177Hz - Quad-cell) . 83 
Figure 58 – 5th (left) and 6th (right) mode: – 1139Hz X, Z none uniform translation
 ................................................................................................................................ 84 
Figure 59 – 7th mode: – 1248Hz (1407Hz - Quad-cell) ........................................... 84 
Figure 60 – 8th mode: – 1346Hz (1587Hz - Quad-cell) ........................................... 84 
Figure 61 – 9th (left) and 10th (right) mode: – 1395Hz ............................................ 85 
Figure 62 – 11th mode: 1471Hz – First axial mode (1687Hz - Quad-cell) .............. 85 
Figure 63 – 12th mode: 1535Hz ............................................................................... 85 
Figure 64 – 15th mode: 1700Hz ............................................................................... 85 
Figure 65 – Eight axial translation modes: 1744Hz to 2222Hz ............................... 86 
Figure 66 – Frequency response curves of a 1D TDA (Red) and Quad-cell dynamic 
absorber (Black) ...................................................................................................... 89 
Figure 67 – Quad-cell dynamic absorber (left) connected to a simply supported 
beam (right) ............................................................................................................ 90 
Figure 68 – Frequency response curves for three cases of simply supported beam . 91 
Figure 69 – Frequency response curves of a 1D TDA (Red) and Nonacell dynamic 
absorber (Dark blue – Corner cell, Light blue – Edge, Green- Centre) ................... 93 
Figure 70 – Nonacell dynamic absorber (left) connected to a simply supported beam
 ................................................................................................................................ 94 
Figure 71 – Frequency response curves for three cases of simply supported beam . 94 
Figure 72 – Elasto Inertial Dynamic Layer ............................................................. 97 
Figure 73 – Section view of the Elasto Inertial Dynamic Layer .............................. 97 
Figure 74 – Elasto Inertial Dynamic Layer attached to a plate ................................ 98 
Figure 75 –A 46mm by 130mm Aluminium plate with variable thickness ............. 98 
Figure 76 – EIDL 1st mode – 882Hz – in-plane uniform horizontal translation ...... 99 
     
 
 
 
 
13 
Figure 77 – EIDL 2nd mode – 907Hz – in-plane opposite horizontal translation ..... 99 
Figure 78 – EIDL 3rd mode – 908Hz – in-plane contradictory horizontal translation
 .............................................................................................................................. 100 
Figure 79 – EIDL 4th mode – 922Hz – in-plane swirl translation .......................... 100 
Figure 80 – EIDL 5th mode – 937Hz – in-plane opposite vertical translation ....... 101 
Figure 81 – EIDL 6th mode – 956Hz - in-plane swirl and horizontal translation 
combination .......................................................................................................... 101 
Figure 82 – EIDL 7th mode – 965Hz – in-plane quadruple opposite vertical 
translation ............................................................................................................. 101 
Figure 83 – EIDL 8th mode – 971Hz – in-plane triple opposite horizontal translation
 .............................................................................................................................. 102 
Figure 84 – EIDL 9th mode – 974Hz – in-plane quadruple opposite swirl translation
 .............................................................................................................................. 102 
Figure 85 – EIDL 10th mode – 979Hz – in-plane triple opposite horizontal 
translation ............................................................................................................. 102 
Figure 86 – EIDL 11th mode – 993Hz – in-plane quadruple opposite vertical 
translation ............................................................................................................. 103 
Figure 87 – Elasto Inertial Dynamic Layer attached to a plate with a cryogenic 
cooler .................................................................................................................... 103 
Figure 88 – Frequency response curves for two cases of free-free plate ............... 104 
Figure 89 –Wave pressure generation in a EIDL .................................................. 106 
Figure 90 – Two cases of a Plate with added EIDL, up - 5mm EIDL, bottom – 3mm 
EIDL ..................................................................................................................... 107 
Figure 91 – Frequency response curves for four cases of free-free plate .............. 108 
Figure 92 – Frequency response curves for four cases of free-free plate .............. 109 
Figure 93 – Frequency response curves for four cases of free-free plate .............. 110 
Figure 94 – Amplification curves for first resonance frequency vs. ball size ........ 111 
Figure 95 –Structural Damping effect of the EIDL ............................................... 112 
Figure 96 –Aluminium plate coordinate system .................................................... 113 
Figure 97 –Experimental setup for aluminium plate vibration measurement ........ 114 
Figure 98 – Vibration profile of a plate with rigidly mounted cryogenic cooler ... 115 
Figure 99 – Vibration Protective pad .................................................................... 116 
     
 
 
 
 
14 
Figure 100 – A cryogenic cooler mounted through a vibration protective pad ...... 116 
Figure 101 –Transmissibility curve measurement experimental setup .................. 117 
Figure 102 – Measured transmissibility curve of a cooler ..................................... 118 
Figure 103 – A comparison of the measured vibration profile between the case of a 
rigidly mounted cooler (reference) and the case of a cooler mounted through a pad 
(pad only) .............................................................................................................. 119 
Figure 104 – A comparison of a measured vibration profile between a rigidly 
mounted cooler (reference) a cooler mounted through a pad and added 137gr 
correction mass (pad and mass) ............................................................................ 120 
Figure 105 – Transmissibility curve for the 45gr Dynamic absorber .................... 122 
Figure 106 – A comparison of the measured vibration profiles: Pad and 137gr mass 
Vs pad and 45gr dynamic absorber ....................................................................... 123 
Figure 107 – MMDA Teflon casting tray .............................................................. 125 
Figure 108 – Actual Experiment setup for MMDA ............................................... 126 
Figure 109 – Experimental rig diagram for beam with MMDA ............................ 127 
Figure 110 –Cantilever beam transfer function with MMDA ............................... 128 
Figure 111 – Cantilever beam transfer function with MMDA – close up view ..... 128 
Figure 112 – EIDL – close up view ...................................................................... 129 
Figure 113 – experimental rig for a cantilever beam with fitted EIDL ................. 130 
Figure 114 – Cantilever beam transfer function with EIDL compared with a 
Quadcell MMDA .................................................................................................. 130 
Figure 115 – EIDL Embedded in an Aluminium plate .......................................... 131 
Figure 116 –EIDL Specimens ............................................................................... 132 
Figure 117 –EIDL Specimens ............................................................................... 133 
Figure 118 – Aluminium plate with EIDL loaded with 710gr mass ...................... 134 
Figure 119 –Experimental rig diagram ................................................................. 134 
Figure 120 –EIDL Transmissibility curves – Square Vs. Reference ..................... 135 
Figure 121 –EIDL Transmissibility curves – Packed vs. Reference ...................... 135 
Figure 122 –EIDL Transmissibility curves – 4mm Packed vs. 4mm Square ......... 136 
Figure 123 – Brüel & Kjær type 2669 Microphone and power supply unit ........... 137 
Figure 124 –Microphonics Experimental rig Photo .............................................. 138 
Figure 125 –Microphonics Experimental rig diagram ........................................... 138 
     
 
 
 
 
15 
Figure 126 –Microphonics measurements for Square EIDL configurations .......... 139 
Figure 127a –Microphonics measurements for Packed EIDL configurations ........ 140 
Figure 128 – 4mm Packed Vs Combined EIDL configuration .............................. 141 
Figure 129 – 4mm Packed Vs Combined EIDL configuration .............................. 142 
 
 
     
 
 
 
 
16 
List of Abbreviations 
 
Acronym Phrase  
CCD Charge-coupled device 
DA Dynamic absorber 
DDA Distributed dynamic absorber 
EIDL Elasto inertial dynamic layer 
FPA Focal plane array 
FE Finite element 
IDDCA Integrated dewar detector cooler assembly 
IR Infrared 
IVA Impact vibration absorber 
MRTD Minimum resolvable temperature difference 
MTBF Mean time between failures  
MMDA Multi-modal dynamic absorber 
NETD Noise equivalent temperature difference 
TDA Tuneable dynamic absorber 
ROIC Read -out integrated circuit 
VMR Vertical Mode reshaping 
  
  
 
     
 
 
 
 
17 
1. INTRODUCTION 
1.1.Problem formulation  
The burst of organized terror in the past decade has flushed numerous minute 
terrorist cells throughout the western world. These cells, conveniently sheltered 
within the population, originate a new generation of warfare. The battlefield    
rapidly became domestic and our homes became the front. Consequentially, novel 
tactics for carrying out military and antiterrorist operations called for the 
development and deployment of a new generation of warfare. A vital example of 
such a novel device is the portable Infrared (IR) imagers. These devices convert the 
thermal battlefield into a dynamic visual imagery and enhance the observation and 
command control capabilities of combat infantry and Special Forces. The IR imager 
ability to detect heat enables sight in complete darkness and provides antiterrorist 
missions with a mean to minimize casualties and collateral damage. It is widely 
accepted that the “best technology for the true IR heat detection is the cooled 
detector” (Gething 2005).  
The superior performance of such imagers is achieved through novel optronic 
technologies, along with cooling the infrared sensors down to cryogenic 
temperatures using closed cycle Stirling cryogenic engines. Figure 1 shows an 
example of a modern cryogenically cooled hand-held, 3-5µm Focal plane array 
(FPA) Thermal Imaging Camera “Coral” manufactured by ELOP (Israel) and 
relying on the Ricor Type K560 cryogenic engine. 
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Figure 1- Handheld IR imager - Courtesy of ELOP 
 
 A typical IR imager is comprised of an optical train (- optical bench) and 
Integrated Dewar Detector Cooler Assembly (IDDCA). For the sake of weight and 
compactness the IDDCA is mounted directly upon the imager enclosure. Such 
enclosure is typically designed in the form of a light metal thin-walled sealed shell. 
At the heart of the IDDCA lays a miniature rotary driven close cycle Stirling 
cryogenic cooler. These cryogenic coolers consist of two major movable 
components: a compression piston and a displacer-regenerator (Walker 1980). 
These components are arranged in a 90º out of phase reciprocation, required for 
producing the useful cooling effect (Walker 1980). This reciprocating motion relies 
on a two crank-slider arrangements actuated by the same rotary drive. The 
reciprocating motion of a compression piston provides the required pressure pulses 
and the volumetric reciprocal change of a working agent (typically helium), in the 
expansion space of an expander. 
The displacer-regenerator, reciprocating inside a cold finger, shuttles the working 
agent back and forth from the cold side to the warm side of the cooler. During the 
expansion stage of the thermodynamic cycle, heat is absorbed from the cold finger 
tip (referred as ‘cold side’ of a cycle). During the compression stage, heat is 
rejected to the ambient from the cold finger base (referred as ‘hot side’ of a cycle). 
Figure 2 shows the external layout (a) and cross-sectional view (b) of the typical 
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Ricor integral rotary driven micro-cryogenic cooler model K560, which was 
developed primarily for use in the portable infrared imagers. 
 
 
Figure 2 - IDDCA - Courtesy of RICOR 
 
 In spite of apparent simplicity, such a cryogenic engine comprising numerous 
movable components is a quite sophisticated piece of machinery. The involved 
mechanical motion of which produces periodic micro-collisions results in wideband 
vibration and noise radiation. In particular, it is important to consider periodic 
metal-to-metal slap occurring between the piston and cylinder twice per crankshaft 
revolution. As known, a periodic vibro-impact process produces wideband vibration 
export comprising numerous harmonics of the driving frequency (Babitsky 1998); 
that is why the above cryogenic coolers are known as powerful sources of wideband 
vibration export. As previously mentioned, for the sake of weight and compactness, 
such a cooler is normally rigidly mounted upon the light-metal thin-walled imager 
enclosure. Thin walled structures typically have reduced stiffness and show 
numerous resonances over a wide frequency range. The cooler vibration export 
combined with such resonant structure further amplifies the structural vibration and 
results in wide range acoustic noise radiation. This spectrum is comprised of 
specific resonant peaks correlating closely with the frequencies of the above 
structural resonances. In fact, even a silent stand alone cryogenic engine may 
Cold side 
(expansion) 
Cold 
Finger Warm side 
(compression) 
Rotary 
drive Crank 
Slider 
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produce quite a lot of aural structure-born noise when mounted upon a wrongly 
designed and resonating enclosure of an IR package. The ‘noisy’ thermal imager, 
originally designed for a noisy battlefield, may be detected from quite a long 
distance. Detection may be achieved using special sniper acoustic equipment 
comprised of a high-sensitive unidirectional microphone, which enables pin point 
detection of the approaching unit. Therefore, features such as aural stealth, 
enhanced imagery, compactness, low power consumption and long life-times 
become crucial figures of merit characterizing the modern Infrared imager (Gething 
2005). It is obvious that the ability to ‘see’ at complete darkness loses its advantage 
when the threat of early detection is increased. In other words, a ‘noisy’ IR imager 
is a useless one. 
Suppressing the above structural resonances is possible (however, to a particular 
extent only) by using heavy and stiff optical benches or enclosures showing no 
resonant phenomena over the range of audible frequencies. Obviously, this 
approach cannot be considered where the weight and portability is of concern. Such 
a resonant behaviour of the camera enclosure may be also controlled by applying 
free or constrained layer damping treatment, where damping occurs as a result of 
the cyclic tensile or shear deformation of the damping layer (Beranek 1971), (Harris 
2001) and (Mead 1998). The performance of these approaches, is not sufficient 
since the above deformations are relatively small and not all types of structural 
vibration necessarily cause the desired sort of deformation in the damping layer. 
Moreover, this approach is not always practical because of the complicated 
geometry, added weight and heat sinking deterioration. Essential suppression of the 
above structural resonances is also possible using the principle of a wideband 
dynamic absorber (Beranek 1971), (Harris 2001), (Mead 1998) and (Ho et al. 2003). 
In this approach, auxiliary masses are affixed through compliant mounts to 
appropriate points of the imager enclosure. However, adding these masses demands 
intolerable increase of the imager weight and is not always practical within an 
already densely packaged imager.  
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1.2.Objective of the study 
The objectives of the research are: 
• Develop a procedural method of suppressing the acoustic radiation caused by 
the design of the imager with minimum interference of the imager 
performance and specifications. 
• Based on the above optimization process, an optimal vibration protective pad 
will be developed and investigated. 
• To develop and investigate a multi-modal dynamic absorber (MMDA) - a 
passive device with an ultra wide frequency band of vibration attenuation 
capacity. 
• To conduct full scale experimentation using an anechoic chamber to verify 
the vibration protective pad optimal design along with the MMDA. 
• To enable cryogenically cooled infrared imager compliance with the 
stringent MIL-STD-1774D (Level II) requirements. Meeting these 
requirements will improve current imager sound radiation by 80% making 
them suitable for any mission scenario. 
1.3.Outline of thesis  
The rest of the thesis is organised into seven chapters: 
Chapter two is devoted to familiarization with contemporary IR imaging. A wide 
survey of up to date IR imagery techniques is covered and main figure of merits are 
introduced to substantiate the need for an aurally stealth high performance IR 
imagers. 
Chapter three is dedicated to the formulation of the problem and describes the 
different stages to developing a procedural method of solving it. Subsequently, a 
relevant design optimization procedure, relying on finite element models of the 
imager is developed in order to minimize the sound radiation. This chapter also 
substantiates the need for wide frequency range vibration attenuation in order to 
achieve further noise reduction.  
Chapter four reviews the theoretical background of the classic dynamic absorber 
and covers a wide survey of different passive methods for vibration attenuation. 
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This chapter shows that ultra wide range vibration attenuation is a challenge yet to 
be consummated.  
Chapter five reveals a novel three dimensional vibration attenuation approach to 
achieve a passive device with ultra wide frequency band of vibration attenuation 
capacity. This chapter methodically investigates a novel concept of a distributed 
dynamic absorber referred as Multi-modal Dynamic Absorber (MMDA). The 
MMDA is numerically proven to enhance the absorption of the vibrating structure 
over a wide frequency range, making it ideal for acoustical applications. Chapter six 
takes the MMDA concept further and investigates a wide scale expansion of the 
concept of MMDA. This concept is referred as Elasto-Inertial Dynamic Layer 
(EIDL). 
Chapter seven is devoted to the experimental validation of the formulation, 
simulation results, and predictions of all the conceptual models in the former 
chapters. A total of nine different experimental setups and various specimens are 
introduced to quantify the vibration and noise reduction capacity of the 
revolutionary design concepts investigated throughout the thesis. 
Chapter Eight is devoted to conclusions and discussion of further work. 
 
1.4.Contribution to Knowledge in this Research 
The search for a powerful method of ultra frequency range vibration attenuation has 
prompted the creation of the Multi-modal Dynamic Absorber (MMDA). Through 
the process of analyzing the dynamic characteristics of the MMDA, the existence of 
the Vertical Mode Reshaping phenomenon was uncovered. The Vertical Mode 
Reshape phenomenon occurs when resonant mode shapes of a structure are 
attenuated by a perpendicular motion of the MMDA. As opposed to the classical 
dynamic absorber, where the resonant mode shape of a structure is attenuated by a 
motion in a parallel direction of an attached mass, the attached MMDA motion is 
perpendicular to the structure mode shape. The multi-modal characteristic of the 
MMDA makes it highly dynamically reactive through a wide frequency range (20 
kHz) of excitation. 
An analogous phenomena or one with similar benefits is yet to be published in 
current literature. The knowledge contribution of this research is the introduction of 
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the Vertical Mode Reshaping phenomena and the MMDA. It will be shown that 
adding a MMDA to a structure will result with ultra range vibration attenuation with 
minimum volume and weight penalty pay. 
Also, this research will show that cooled IR imagers are capable of being aurally 
silent given that the methods developed here are implemented in the imagers design. 
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2.  CONTEMPORARY INFRARED IMAGING TECHNOLOGIES 
In order to value the importance of using thermal imagers, this chapter is devoted to 
the definition and introduction of Infrared (IR) imaging. Contemporary IR 
technologies are reviewed and main figure of merits are introduced.   
2.1.Infrared Imaging explained 
What typically interpreted in the human brain as ‘light’ is really an electromagnetic 
radiation that stimulates the retina. We perceive the world in the colours of the 
rainbow, red through violet. However, these colours of light are actually a very 
small portion of the electromagnetic spectrum. 
The human eye is capable of seeing only a very narrow region of the 
electromagnetic spectrum, and special instruments are needed to extend its vision 
beyond the limitations of the unaided eye. As the energy of light changes, so does 
its interaction with matter. Materials that are opaque at one wavelength may be 
transparent at another. A familiar example of this phenomenon is the penetration of 
soft tissue by X-rays. What is opaque to visible light becomes transparent to reveal 
the bones within. Extending human vision with electronic imaging is one of the 
most powerful techniques available to science and industry, particularly when it 
enables us to see light in the infrared portion of the spectrum. Infrared i.e. ‘below 
red’ is due to the fact that infrared light has less energy than red light (see Figure 3). 
Light is typically described as energy in terms of wavelength, and as the energy of 
light decreases, its wavelength gets longer. Infrared light, having less energy than 
visible light, has a correspondingly longer wavelength. The infrared portion of the 
spectrum ranges in wavelength from 1 to 15µm, or about 2 to 30 times greater 
wavelength (and 2-30 times less energy) than visible light.  
Infrared light can be felt as heat on one’s skin. Warm objects emit infrared light and 
the hotter the object, the shorter the wavelength of IR light emitted. For example, 
this IR ‘glow’ enables rescue workers equipped with long wave IR sensors 
(detectors) to locate a lost person in a deep forest in total darkness. Infrared light 
can penetrate smoke and fog better than visible light revealing objects that are 
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normally obscured. It can also be used to detect the presence of excess heat or cold 
in a piece of machinery or a chemical reaction. 
 
Figure 3 – The Electromagnetic Spectrum 
 
                                                        
 
IR vision is a key technology in a variety of military and civilian applications 
ranging from night vision to environmental monitoring, biomedical diagnostics, and 
thermal probing of active microelectronic devices. By detecting the thermal 
radiation emitted by a distant object, infrared cameras enable remote sensing, 
tracking of targets, and navigation under visually restricted conditions. For imaging 
objects near room temperature, IR detectors must be sensitive in the spectral range 
from 8 to 14 µm, not only because this is the atmospheric transmission window (a 
bound of ideal detection) but also because it contains the peak of the blackbody 
spectrum for objects at around room temperature. A black body is an idealized 
object that absorbs all electromagnetic radiation that falls on it, no electromagnetic 
radiation passes through it and none is reflected. A blackbody appears to be black in 
thermal imager and defines the lower bound of the detected spectrum. 
With the IR imaging detection potential in mind, enormous effort has been invested 
toward developing compact and reliable high quality thermal detectors in the past 
five decades. Most modern and commercially available infrared imaging systems 
employ either photon or thermal detection mechanisms. The response of a photon 
detector is proportional to the number of absorbed photons, whereas a thermal 
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detector response is proportional to the amount of electromagnetic energy in the 
absorbed photon stream (Hanson, SPIE 2000). In a photon detector, a photon is 
absorbed directly by the IR-sensitive material, and the charge carriers generated by 
that absorption are sensed either directly or by an associated change in some 
property of the material. A thermal detector, by contrast, is less direct and 
comprises of three distinct stages: an IR absorber, a thermal isolation means, and a 
temperature sensor or transducer. The purpose of the IR absorber is to convert IR 
electromagnetic energy into heat energy. The thermal isolation converts the heat 
energy to a temperature change through its heat capacity. Finally the transducer 
converts the temperature change to a deflection in a measurable (usually electrical) 
parameter.  
2.2.Photon Detectors – Cooled Detectors 
Photon detectors are commonly referred to as cooled detectors due to the need of 
significant cooling of its IR-sensitive material in order to increase their sensitivity 
(Zhao et al. 2002). Photonic devices have been made with materials that have 
energy band-gaps that are sufficiently small )1.0( eVEg ≈  to allow absorption of 8–
14 µm wavelength IR radiation. However, the small band-gap makes such detectors 
susceptible to thermal noise, which varies as: )/exp( TkE Bg− , where T is the 
detector temperature and Bk is the Boltzmann constant. The exponential temperature 
dependence requires cooling of the detector to cryogenic temperature (about 80K) 
to minimize thermal noise. Photon detectors are fabricated by a 2D pixel array of IR 
sensitive material, known as focal plane arrays (FPA). Today, most infrared FPA’s 
utilize a hybrid scheme. To achieve higher device reliability and lower cost, 
monolithic FPA’s with Si based readout integrated circuits (ROIC) are the trend of 
the future development. The two most common kinds of FPA’s arrays are mercury 
cadmium telluride (HgCdTe/MCT) and Indium antimonide (InSb). The HgCdTe 
array having a wavelengths of 0.85 to 2.5 µm and 8 to 12 µm, a  high quantum 
efficiency of up to 70% at a working temperature of 80 K and good inherent 
properties, is one of the best near-infrared arrays available at present time (Ji et al. 
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2004). The InSb array main advantage is having a wavelength range of 1 to 5 µm, 
and also a lower working temperature of 30K to 50K.  
2.3.Thermal Detectors – Uncooled Detectors 
The complexity and cost involved with cooling the FPA’s of Photon detectors has 
driven research toward development of uncooled IR detectors, which rely on photo-
thermal heating due to IR absorption. Such detectors can be classified into two 
categories: electrical readout system based detectors that detect the change of 
resistance or capacitance (Binbin Jiao 2006), and optical readout system based 
detectors, which detect the deformation of cantilever. Electrical-based systems are 
limited by fabrication due to the complexity of the interconnections on the pixel, as 
well as the readout circuit design. Recently, the study on IR imaging system is more 
focused on optical-based system, due to its high thermal isolation and low noise. 
Fig. 4 (left) shows the top view of a single pixel in a typical thermal FPA. A bi-
material shell in the centre serves as reflecting mirror and IR absorber, SiNx beam 
and Au (- gold) coated SiNx cantilevers are located at both sides of the shell, which 
make up deforming cantilever and isolate cantilever. Fig. 4 (right) shows the 
sectional view of the structure. The SiNx is functioning as IR absorbing material 
and prepared by low-pressure chemical evaporation deposition (LPCVD), while the 
Au film is used as the reflector of the detecting light and evaporated with electron 
beam.  
 
 
  
Figure 4 – Single pixel structure (left), Section view (right) (Binbin Jiao 2006) 
 
The structure's working principle is shown in Fig. 5. The occurrence IR flux 
absorbed by SiNx shell can cause the temperature rise of the cantilever. Due to the 
Reflector 
Absorbent 
material 
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mismatch of thermal expansion coefficient of SiNx and Au, the cantilever deforms 
and leads to a small angle change of shell from primary position. A charge-coupled 
device (CCD) positioned in front of the pixel is used to detect spectrum changes of 
reflected light from shell mirror (due to the angle change of shell), and to produce a 
visible imaging result. 
 
Figure 5 – Working principle of the FPA (Binbin Jiao 2006) 
2.4.Figures of Merit of IR Detectors 
During the last several decades, a number of different figures of merit have been 
introduced in order to characterize IR detectors. Although many of these parameters 
are still in use, evolution of the IR detectors has been accompanied by the evolution 
of characterization methods and their respective parameters. This section presents 
the main figures of merit that are currently widely accepted and used by the IR 
community (Datskos, Rajic & Lavrik 2005).  
2.4.1.  Noise Equivalent Temperature Difference 
The Noise Equivalent Temperature Difference (NETD) is a parameter 
characterizing the low-signal performance of thermal imaging systems and is 
particularly applicable to FPAs of IR detectors. NETD is defined as the temperature 
of a target that is different from the background temperature and results in a 
detector output signal equal to the detector rms noise. Small values of NETD reflect 
the ability of an IR imager to distinguish slight temperature or emissivity 
differences of the objects. NETD can be calculated based on the known RMS noise 
of the detector and the signal for a given difference between target and background 
temperatures. 
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2.4.2. Minimum Resolvable Temperature Difference 
 A direct product of NETD is the Minimum resolvable temperature difference 
(MRTD). MRTD is a measure of the operator’s ability to distinguish temperature 
differences using a particular imager. This is a widely accepted measure of image 
quality, although it is a subjective measurement that depends upon the observer 
performing the test. MRTD dictates the spatial frequency, the lower the MRTD the 
higher (better) the spatial frequency and the better the detection, recognition, and 
identification of the target (Haran, Higgins & Thomas 2004). For instance, a higher 
spatial frequency would be required to distinguish between two American tanks 
than to distinguish an American tank from an Iraqi one. 
2.4.3.  Integration Time 
Integration time is an important figure of merit when the detected object is not 
stationary. The integration time can be roughly defined as the time that passes from 
the moment an object is exposed to the IR imager to the moment a picture can be 
seen at the imager viewfinder. The minimum integration time acceptable in order to 
obtain a continuous picture of a moving object is 0.33ms, equivalent to 30 frames 
per second. Needless to say, the faster the response time the better the imagery 
quality. Fast integration time means less blur and better clarity which has a 
profound influence on target recognition. It was found (Hadar et al. 1997) that 
image blur increases the detection time of a target by the observer, both for 
stationary and moving targets. As the complexity of the targets increases, detection 
time was found to increase more rapidly as a function of blur radius. 
2.4.4.  Portability  
When portable IR imager is discussed the main desired characteristics are as 
follows: compactness and light weight, low power consumption (longer mission 
time), longer life time (MTBF) and low acoustic noise radiation. Each characteristic 
promotes different design challenges and often improvements in one characteristic 
result in tradeoffs in other areas of the system design. 
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2.5.Cooled Detectors vs. Un-cooled Detectors 
The most important component of an IR imager is its detector which dictates the 
imager specifications. This imperative component may consist of two different 
technologies, cooled and un-cooled, both with their own advantages and 
disadvantages that hold significant repercussion on the imager design and cost. It is 
widely accepted that the best technology for true infrared heat detection is the 
cooled detector (photon detector), although its drawbacks include weight, noise and 
cost of procurement and operating (Gething 2005). Nevertheless, un-cooled IR 
detectors are known to be lighter, less bulky (results from the absence of cryogenic 
cooler), consume less power and are less expensive to procure and operate than 
cooled systems. The sensitivity of un-cooled systems has been traditionally less 
satisfactory than the cooled system, therefore extensive research and development 
was invested in the past decade to achieve a design of a thermal detector that 
performs as a photon detector. This section will show through a wide-range survey 
that photon (- cooled) detection technology is by far more superior to thermal (-un-
cooled) detection technology. 
2.5.1. Noise Equivalent Temperature Difference Ratings 
The primal and most imperative figure of merit to compare between the two 
technologies is the NETD. An in depth review preformed on un-cooled infrared 
detector performance (Marasco, Dereniak 1993) has shown the complexity involved 
with assessing the true NETD of a detector. NETD is a good parameter for imaging 
system evaluation, but it fails to separate detector performance from imaging 
system performance. This could lead to confusion, hiding detector flaws. It should 
be emphasized that assessments of detector performance on its own fails to reflect 
the imaging system performance as a whole. This is due to the fact that other 
components along the optical ray course (such as poor optics) may reduce the 
systems performance (Torun, Urey 2005). Charels MH (Hanson, SPIE 2000) has 
shown through detailed analysis that uncooled detector should have an NETD better 
then 100mK (micro Kelvin). Yang Z. et al. presented the design, fabrication and 
performance of an uncooled micro-optomechanical IR imaging system consisting of 
a FPA containing bi-material cantilever pixels, made of silicon nitride (SiNx) and 
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gold (Au). Although they evaluated through calculations that the FPA’s NETD 
should be around 20mK, the actual system overall NETD was ten times worse and 
measured as 1001mK. A break through development using uncooled micro-
cantilever thermal detectors achieved a nominal NETD of 50mK (Datskos, Rajic & 
Lavrik 2005). To the authors best of knowledge, a NETD of 50mK for thermal 
detectors is the lowest commercially available value at present day, with no solid 
predictions of a better NETD in the near future. 
On the other hand, cooled detection systems benefit from a much better 
performance and hold the average NETD of few mK, when FPA is cooled to an 
average of 70K (Nesher et al. 2003), (Gunapala et al. 2003), (Tribolet et al. 2000). 
2.5.2. Integration Time and Resolution 
The integration time for a photon detector is set by the electrical integration time, 
whereas for a thermal detector it is set by the thermal time constant. The integration 
time for an infrared photon detector is typically very short and measured in tens or 
perhaps hundreds of microseconds, whereas for a thermal detector, integration time 
is typically longer than 10 milliseconds. The photon detector therefore has a 
noticeable speed advantage. 
High quality images are important when a handheld IR imager is used for Special 
Forces missions. The sensitivity and resolution of the detector must be adequate to 
provide a detailed image of the intended scene. The optics should be selected such 
that the field of view provides a good balance between range and spatial extent. 
Once again photon detectors hold a significant advantage when image resolution is 
compared; resolution of photon detectors can reach up to 1024X768 pixels, which is 
triple the amount of pixels of thermal detectors (Phillips 2002).  
2.5.3. Detection, Recognition and Identification Ranges 
Detection, recognition and identification are three qualitative measures of image 
interpretation by the observer. These measures can only be assessed qualitatively in 
terms of probability versus range due to the individuality of the observer. Figure 6 
shows a typical rating for a thermal detector based imager. It can be seen from 
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Figure 6 that the range limits of a 70% probability for a thermal detector based 
imagers are detection –750m, recognition –200m and identification-100m. 
 
Figure 6 – Probability of detection, recognition, and identification versus range 
 For a thermal detector based handheld imager (Haran, Higgins & Thomas 2004) 
 
As for photon detector based imagers, the handheld multifunctional thermal imager 
and surveillance instrument of Jena-Optronik provides high interpretation 
probabilities for long range performance: detection - 8km, recognition - 3km and 
identification 1.5km, roughly ten times better then the thermal systems (Krause et 
al. 2007). A more impressive performance has been demonstrated by a cooled 
detector based imager installed in heavy duty AN/SAY-1 Thermal Imaging Sensor 
System (TISS) (Smith 2002). The AN/SAY-1 System was developed to provide 
surface ships with a day/night imaging capability enabling detection of low radar 
reflective, small cross-sectional area targets such as floating mines. This high 
performance system is capable of detecting small objects such as a submarine 
periscope (a size of a football) from 10km and a fighter jet from up to a 60km 
range.  
In conclusion, the applicability of using photon detectors for high range missions 
has been found to be by far more efficient than using thermal detectors (Lucey, 
Horton & Williams 2007) and (Waxman et al. 1997). 
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2.5.4. Portability 
A thermal based IR imager holds the potential of superiority over the photon based 
imager in the portability category. Due to the absence of moving parts and cooling 
system, a thermal detector based imager is expected to be cheaper and lighter, more 
power efficient, high life timed and less noisy. The survey made here found that 
recent development in leading cryogenic coolers manufactures has significantly 
improved the power consumption, weight and MTBF ratings of present handheld 
imagers. Cryogenic coolers produced in the early 90’s had an average MTBF of 
4000 hours (Castaldo et al. 1996). Today cryogenic coolers produced by RICOR has 
increased MTBF by 300%, while reducing weight price and power consumption. 
Furthermore, the optical design of thermal detector based imagers demands a lower 
focal ratio due to the need of a large optics aperture when using large size FPA 
(caused by large pixel pitch - Jiang et al. 2005). Using lower focal ratio, results in 
expensive and heavy optics which diminish the cost and weight advantages of the 
thermal detector. 
2.6. Concluding remarks 
This chapter has shown through a wide-range survey that photon (-cooled) detection 
technology is by far more superior to thermal (-uncooled) detection technology at 
every figure of merit. However, the only aspect of cooled detector based IR imagers 
yet to be successfully improved is the acoustic noise radiation. Therefore, the 
absence of a noisy cryogenic cooler in thermal detectors makes them ideally quiet in 
anti terrorist special operations. 
As previously mentioned, this research challenge is to attenuate the aural signature 
produced by the cryogenically cooled infrared imager to the extent of meeting the 
requirement of 10 meters aural non-detectability, per  MIL-STD 1474D  (Level II). 
The methodology of achieving this goal is presented in the next chapter. 
Achieving this goal will provide dual benefits – superior IR imaging quality and 
aurally stealth non-detectability. 
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3. ACOUSTICAL STEALTH DESIGN PROCEDURE 
In the aforementioned chapter, the advantage of using an IR imager based photon 
detector was substantiated mainly by performance aspects. The superior 
performance of such imagers is achieved by using novel optronic technologies along 
with cooling the infrared focal plane arrays (FPA) down to cryogenic temperatures 
using closed cycle Stirling cryogenic engines. Originally, due to space limitation, 
the IDDCA was mounted directly upon an imager’s enclosure. In addition, the 
imager enclosure is designed in the form of a light metal, thin-walled sealed shell, 
for the sake of weight and compactness. Cryogenic coolers are known as powerful 
sources of wideband vibration and combined with the thin structure, significant 
noise is produced to the surrounding. Such noise emission may result in premature 
detection when used in close proximity to the target and when high-sensitive 
acoustic equipment is used by the opponent force. 
A novel design approach employed to handle this phenomenon relies on compliant 
vibration protective pads to mount the integrated IDDCA upon the imager’s 
enclosure (Veprik et al. 2006). Extensive analytical study and experimental effort 
had been invested towards finding the optimum visco-elastic properties of such pads 
to achieve improved acoustic performance. The above study helped to dramatically 
reduce the wideband noise export of the imager without compromising the line of 
sight stability or the imager optics design. 
Unfortunately, the regular approach to a design of the optimal vibration protective 
pad does not necessarily act in accordance with the actual optimal acoustic design. 
In reality, to the best of the author’s knowledge, no optimal acoustic design 
procedure seems to exist. As a result, the attempt of finding the suitable vibration 
protective pad is widely regarded as a purely empirical process and requires a great 
deal of experimental trial-and-error effort. 
This section will include a formulation of the theoretical background needed to 
establish a design optimization procedure. Initially, the mechanical system at hand 
is analytically formulated and solved. Then a detailed FE model is produced in 
order to achieve the optimal design of the vibration protective pad while alternating 
the system’s mechanical properties, such as optimal stiffness and optimal loss 
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factor. Subsequently, the concept of weak radiator (Gary H., John B. 1997) is 
presented and further broadened by introducing a tuned dynamic absorber (TDA) to 
enhance optimization outcome. Finally, a new three dimensional vibration 
attenuation approach is investigated through analyzing a Distributed Dynamic 
Absorber (DDA) to enhance the absorption of the vibrating structure. 
In the current competitive market, the optronic industry has to survive with an 
increasingly reduced development time scale. On to the aforementioned, lack of 
resources, fundamental understanding and design flexibility during the accelerated 
product development often results in a poor acoustic performance of the intended 
imager. The proposed optimization method, owing to the compact design of the 
vibration protective pad and minimum interference when incorporating the weak 
radiator concept, is feasible even in the last stages of product development. 
However, it has been proven to be much more efficient to deal with the acoustic 
implications in the early stages of the imager design. 
3.1.Optimal design of the vibration protective pad 
The following section describes the stages involved with achieving an optimal 
design of a vibration protective pad. The concept of vibration isolation has a wide 
coverage in the literature. Apart from the concept of a viscous material based 
vibration absorber used in this work, other concepts have been considered. 
Winterflood and Blair (Winterflood, Blair & Slagmolen 2002) proposed an original 
vertical suspension technique utilizing column springs in Euler buckling mode 
allowing near ideal vibration isolation to substantially higher frequencies than 
achievable conventionally. This creative approach proved to be effective only with 
vibration isolation of massive structures. Louroza et al. investigated another 
approach of using the Coulomb damping to lessen the vibrations of structures 
submitted to human loadings (Louroza, Roitman & Magluta 2005). The great 
advantage in using this type of damping is the easily obtained high level of damping 
with values well controlled and adjusted to the need of the design. However, this 
form of Coulomb damping is highly depended on displacement amplitudes of the 
vibration absorber mass. These displacement amplitudes are significantly higher 
than the maximum displacement allowed in optical system such as in our case. It 
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was emphasized by Kim and Singh (Kim, Singh 2003b), (Kim, Singh 2003a) and 
Zuo and Nayfeh (Zuo, Nayfeh & American Society of Mechanical Engineers 2003) 
that when optimal design of vibration mounts is discussed, the vibration isolator 
must be properly modeled to predict the accurate dynamic response of a system. A 
proper model of the vibration isolator would be a three dimensional (3D) model 
taking into consideration the coupling stiffness in flexural motions and the coupled 
rotational components. This work meets this demand by the fact that the vibration 
protective pad is modeled by a detailed three dimensional FE model.   
3.1.1. Vibration Export from Cryogenic Engine  
Figure 7 shows the typical time history of acceleration measured on the housing of 
the freely hung cryogenic cooler operating in the closed loop (-steady state) mode. 
This information is quite instructive to emphasize the existence of micro collisions 
accompanying the normal operation of the rotary integral cooler. These micro 
collisions are a direct result of the periodic metal-to-metal slap occurring between 
the piston and cylinder of the cryogenic engine. Nevertheless, it appears to be 
insufficient for making an accurate assessment of the vibration export. For further 
direct measuring, a multi-axis piezoelectric dynamometer is used. 
 
Figure 7 – Measured time history acceleration export from a cryogenic cooler 
Micro 
collisions 
Normal 
operation 
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Figure 8 – Measured spectrum of vibration export produced by IDDCA 
 
 
Figure 8 shows the test rig, where the IDDCA relying on the Ricor model K560 
integral cryogenic cooler (1) is mounted upon the 3-axis Kistler Type 9272A 
piezoelectric dynamometer (2). This allows simultaneous measurement of the three 
mutually perpendicular components of the interface force. The dynamometer is 
mounted upon the heavy and pneumatically vibration isolated concrete block (3). 
The measuring set-up consists of the Bruel & Kjaer Type 2635 Charge Amplifier 
and Data Physics ACE Signal Analyzer occupying the PCMCIA III slot of the 
dedicated notebook (not shown). The graph in Figure 8 shows the typical spectrum 
of vibration export produced by the above closed-loop driven IDDCA in the 
direction normal to imager enclosure. From Figure 8, the internal vibro-impact 
process, which is inherent for such coolers, produces an essentially wideband 
spectrum comprised of the numerous harmonics of the driving frequency over the 
wide frequency range up to 10 kHz.  
3.1.2. Formulation of Cryogenic cooler Mounted on an Imager Enclosure 
Instead of formulating the three dimensional shell model of a typical IR imager 
enclosure, a more simplified one dimension (1D) beam formulation is developed as 
shown in Figure 9. Apart from the benefit of a more straightforward formulation, 
the actual response of a 1D system is much more illustrative and therefore more 
suitable for generalization purposes. Furthermore, due to the known fact that the 
(3) 
(2) 
(1) 
(3) 
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sound radiation from the vibrating enclosure is defined primarily by the surface 
velocity (normal to surface) the system below may represent a segment of the 
enclosure contour. 
 
Figure 9 - A simplified model of typical IR imager enclosure  
 
In the Figure above, the cryogenic cooler (represented by mass M1) is mounted on a 
simply supported beam through a vibration protective pad and treated as a one 
dimensional entity. The mechanical properties of the beam is defined by E, J and ρ 
(Young’s modulus, second moment of inertia and density respectively) and B1 and 
K1 are the vibration protective pad viscoelastic and stiffness properties respectively. 
The vibration export of the actual cooler is applied by f(t) (excitation force). The 
additional mounted mass M2 will be used later to incorporate the concept of weak 
radiator and will be explained on the optimization section of this work. At this stage 
M2 should be regarded as a supplementary lumped mass which B2 and K2 define the 
properties of its one dimensional connection to the beam. The two masses M1 and 
M2 are located along the beam domain through the coordinate l1 and l2 respectively. 
Finally, the absolute deflection of any coordinate x along the beam, mass M1 and M2 
from the position of static equilibrium is represented by u(x,t) , y1 and y2 
respectively. 
3.1.2.1.Equations of motion in the frequency domain  
Using Fourier formalism: 
 )()(),()(),,(),( 2211 ωωω jYtyjYtyjxUtxu ⇒⇒⇒                          (3.1) 
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the equations of motion in the frequency domain for the system in Figure 9 may be 
presented in the form: 
 ( ) ( ) ( ) ( ) ( )21 1 1 1 1 1,M Y j K j B Y j U l j F jω ω ω ω ω ω− + + − =           (3.2) 
 ( ) ( ) ( ) ( )22 2 2 2 2 2 , 0M Y j K j B Y j U l jω ω ω ω ω− + + − =                      (3.3) 
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Here H(x,x,j,ω) is the complex receptance of the beam, 1j = −   and  ω  is angular 
frequency. From (3.2) and (3.3): 
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Substituting (3.6) and (3.7) to (3.4) and (3.5) yields: 
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Reorganizing (3.8) and (3.9) for ),( ωjxU gives: 
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Where following definitions are introduced: 2,1)],()()[( =−+= iiiiiii jlUjYBjKR ωωω  
(3.9) 
(3.10) 
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3.1.2.2.Velocity field, Volume velocity and Acoustic mobility 
As mentioned before, the sound radiation from the vibrating enclosure is defined 
primarily by a normal component of the surface velocity. 
Hence, using (3.10), the velocity field along the beam: 
 ( ) ( ) ( ) ( ) ( ) ( )1 1 2 2, , , , , ,V x j j U x j H x l j j R j H x l j j R jω ω ω ω ω ω ω ω ω= = +  (3.11)
         
The volume velocity (Gary H and John B 1997) can be calculated using: 
 
( ) ( ) ( ) ( ) ( ) ( )1 1 2 2
0 0 0
, , , , ,
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j V x j dx j R j H x l j dx j R j H x l j dxω ω ω ω ω ω ω ω= = +∫ ∫ ∫V     
Consequently, we define the complex acoustic mobility as: 
                                               )(
)()(
ω
ω
ω jF
jj VN =
                                (3.13)                                                 
3.1.2.3.The Complex Receptance of a Hinged-Hinged Beam 
The complex receptance of the beam with hinged boundary conditions is formulated 
as (Bishop, Johnson 1960): 
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Where µ is the ratio of the structural damping in the beam material 
Using the expression below, 
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the term for ( ), ,H z s jω in (3.10) to (3.12) can be formulated as: 
(3.12) 
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3.1.3. The Frequency Response of the Simplified Model 
Since sound radiation is the main concern, we further focus on the volume velocity 
of the active radiating surface. Therefore, the acoustic mobility (3.13) is calculated 
along a frequency range of 0.1kHz to 10kHz. Figure 10 shows the acoustic mobility 
of a steel beam with a rigidly mounted cryogenic cooler. The beam is 0.2m in length 
and with a cross section of 10 mm by 2mm (width and height respectively). In 
addition, the cooler mass, M1 is 0.4kg and located at l1 = 0.07m (the additional 
mounted mass M2 is absent as illustrated at the bottom of Figure 10). 
                  
Figure 10 - Acoustic mobility of a steel beam with rigidly mounted cryogenic cooler 
 
It can be seen from the Figure above the noise radiation lies in a wide range of 
frequencies; all in the aural spectrum range (100Hz to 10kHz). 
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3.1.4. FE Model of a Cryogenic Cooler Mounted On a Simplified Imager 
Enclosure 
In parallel to the analytical model presented in earlier section, a FE model was 
produced to simulate the system illustrated in Figure 1. The FE model consists of a 
hinged beam with the same geometry and mechanical properties mentioned in the 
previous section. The cryogenic cooler mass M1 (and later on the additional mass 
M2 ) was modelled as a lumped mass (point mass - 0D element) connected through a 
spring-damper element to the beam. The damping model used to simulate the 
damping effect is viscous damping (explained in Appendix B). MSC.Nastran was 
used to solve FE model presented in Figure 11. 
 
 
Figure 11 - FE model of a steel beam with rigidly mounted cryogenic cooler  
 
 
In order to substantiate the FE model, we compared the numerically calculated 
spectrum of acoustic mobility (using the analytical model) with the results of the 
above FE calculations. The self-explanatory Figure 12 shows the two results 
superimposed. 
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Figure 12 - Acoustic mobility of a steel beam with rigidly mounted cryogenic cooler; FE 
simulation results (grey line) vs. analytical calculation (black line). 
 
It can be seen that taken as a whole the FE model results matches the results of the 
analytical one. The dissimilarity at the higher frequency range is a direct 
consequence of taking into account only the five first terms in (3.15). 
Consequentially, the higher modes (above 4 kHz) in the analytical results are 
absent. 
3.1.5. Optimization Procedure 
The previous two sections presented an analytical and FE model of a cryogenic 
cooler mounted on a reduced imager enclosure taken together with the FE model 
substantiated by the results in Figure 12. In this section the optimization procedure 
used to reduce the overall noise radiation of the imager enclosure is specified. The 
objective function of the optimization is to reduce the acoustic mobility of the 
structure as much as possible. Generally, the optimization procedure consists of two 
stages; the first stage is concerned with finding the optimal properties of the 
vibration protective pad and the second stage applies the “weak radiator” concept by 
adding a rigidly connected mass to the structure to achieve further reduction of the 
acoustic mobility. An expansion of the concept of weak radiator is applied by using 
a tuned dynamic absorber instead of a rigidly connected additional mass. Every 
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stage has its own effect and the three combined results in a substantial reduction of 
the acoustic mobility. 
3.1.5.1.Optimal properties of the vibration protective pad – Stage One 
This stage of the optimization procedure is dedicated to finding the optimal 
mechanical properties, namely B1 and K1, of the vibration protective pad. It is a 
known fact that the lower the resonant frequency of the vibration isolator, the more 
efficient it is in isolating the vibration transmission. In our case, minimizing B1 and 
K1 will result in solving the problem of acoustical noise radiation. However, 
excessively soft and undamped vibration isolation may lead to an intolerable cooler-
induced line of sight jitter and longer settling times along with deflections due to 
the g-forces, environmental vibration and shocks (Veprik et al. 2006). Therefore, 
based on the authors experience, the case of a vibration protective pad having a 
minimum resonant frequency of 200Hz and damping ratio 20% is the adequate 
choice for maintaining the cooler-induced line of sight jitter and settling times 
within desired limits. Furthermore, it is important to notice that such a damping 
ratio is quite achievable without making use of any exotic technologies. Taking the 
aforementioned into consideration, coupled with the fact that the first peak of the 
acoustic mobility curve (Figure 10) is located on 340Hz, the optimized resonant 
frequency must lie between 200Hz and 340Hz. The optimized resonant frequency is 
found to be 210Hz. The optimization criterion of the procedure is minimizing the 
acoustic mobility (3.13) at every iteration, whilst alternating the pad resonant 
frequency. 
Figure 13 shows the acoustic mobility curves of a beam with a cryogenic cooler 
mounted through a vibration protective pad (with PAD) along with the case where 
the cooler is rigidly connected (no PAD). It is important to note that the wideband 
acoustic mobility reduction in the vicinity of the high frequencies is a typical 
phenomenon for a vibration isolator. 
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Figure 13 - Acoustic mobility curves of a beam with the cryogenic cooler mounted 
through a vibration protective pad (with PAD) and rigidly connected (no PAD) 
 
3.1.5.2. Incorporating the weak radiator concept – Stage Two 
A weak radiator is a structure that has been tailored to radiate minimal acoustic 
energy. The tailoring act intends to alternate the structure mode shapes (i.e. normal 
modes) and thereby redistributing the areas of high and low surface vibration. This 
can be achieved by changing the structure characteristics such as Young’s modulus, 
mass distribution, and material thickness to their optimal value. The aforementioned 
optimization process is known as ‘material tailoring strategy’ (Gary H., John B. 
1997). Among the published work on the concept of the weak radiator it was 
Koopmann et al. (Constans, Koopmann & Belegundu 1998), (Naghshineh, 
Koopmann & Belegundu 1992), (Belegundu, Salagame & Koopmann 1994) and 
(Stpierre, Koopman 1995) who developed a direct optimization method using FE 
methods. We intend to use a complete FE model of the imagers at the early design 
stage, unlike the process described by Yang and Koopmann that is effective only as 
a ‘post processor’ due to its inability to predict the actual sound radiation 
attributable due to the complexity of modelling the dynamic response (Yang, 
Koopmann 2002). 
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In order to demonstrate the effectiveness of the material tailoring strategy we 
consider a simply supported beam as presented in Figure 14. As seen in Figure 14A, 
the first mode shape of the beam produces displacement (and velocity) in one 
direction only. Calculating the volume velocity for this mode will result in a 
significant value which testifies to a strong acoustic radiation. On the other hand, 
Figure 14B illustrates the second mode shape of the beam where the displacement is 
symmetrically distributed onto two opposite directions. In that case, the calculation 
of the volume velocity for this mode will result in zero.  
 
Figure 14 - A. Strong radiator- volume velocity is maximum; B. Weak radiator – volume 
velocity is zero. 
 
Figure 15A illustrates a beam with unbalanced material distribution that produces 
asymmetrical second mode shape. This is where the material tailoring strategy 
comes in; In order to regain a symmetrical mode shape a correction mass is 
incorporated to the beam, thus changing the material distribution along the beam 
and thereby redistributing the areas of high and low surface vibration. 
 
 
 Figure 15 - A. Strong radiator- volume velocity is high; B. Weak radiator – volume 
velocity is zero. 
 
 
In practice, finding the optimal properties of the correction mass M2 and l2 (mass 
and location respectively) is rather uncomplicated. Through a recursive procedure, 
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the values of M2 and l2 are incrementally changed until a minimum acoustic 
mobility is achieved. 
For the discussed case, the optimal mass parameters are found to be: M2 =0.15kg, l2 
= 0.14m. The effect of adding the correction mass can be seen in Figure 16. 
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            Figure 16 - Acoustic mobility curves of the beam with a correction mass and a 
cryogenic cooler mounted through a vibration protective pad 
 
It can be seen from Figure 16 that adding the correction mass has a profound 
contribution in the minimization of the acoustic mobility at the lower bound of the 
frequency rage. Adding the mass literally cuts off the first peak of the acoustic 
mobility curve, with minimum affect on the vibration isolator filtering of the upper 
frequency bound. 
3.1.5.3. The expanded weak radiator concept 
In the previous subsection the concept of weak radiator was proved to significantly 
diminish the acoustic radiation of the structure. It seems that the combination of 
high frequency filtering of the vibration absorber and the low frequency filtering of 
the correction mass is a reasonably effective approach. However, adding a fairly 
large correction mass, weighing approximately 30% of the structure weight, is quite 
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a high penalty pay. Incorporating such a large mass to an already condensed imager 
design is impossible and is largely an unaffordable penalty for most engineering 
designs. Therefore, an expanded concept of the weak radiator is proposed in this 
section. This novel approach avoids the penalty involved in using a large correction 
mass by using a much lighter tuned dynamic absorber (TDA).  
Using a TDA has been proven to effectively reduce the vibration of a structure in a 
wide range of applications. The TDA as shown in Figure 9 (M2, with K2 and B2) can 
be tuned to an optimum design by setting its resonance frequency to coincide with a 
problematic resonance frequency of the structure. Den Hartog (Den Hartog 1956) 
found that the optimum resonance frequency of the TDA added to single degree of 
freedom is given by 
                                              
m
opttf µ+= 1
1
.
                              (3.17) 
Where ft.opt and µm are the optimal desired frequency and mass ratio respectively and 
explicitly defined as 
                                        
main
absorber
m
main
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t M
M
f
ff == µ,
                     (3.18) 
Where f
 
and M
 
are resonance and mass respectively 
It was found that the frequency response curves of such a system (main mass and 
TDA) has two points in common, regardless of the TDA damping ratio and when 
the TDA is properly tuned, these two points have the same height in the frequency 
response curves. These two points are the foundation of the fixed points theory 
which Brock used (BROCK 1946) (- also revised by (Liu, Liu 2005)), combined 
with a procedure described by den Hartog to derive an expression for the optimal 
damping ratio of the absorber, given by  
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Where the absorber damping ratio is defined by  
 
                                           
absorberM
B
ω
ζ
2
=
                                 (3.20) 
The above terms are true for a simple one degree of freedom system. However, in 
the case of continuous structures, reducing the vibration amplitudes at one point 
may result in increasing the amplitudes of some other points along the structure. 
Jedol D. and Semyung W.(Jedol, Semyung 2004) showed that the fixed point theory 
can be expanded to continuous structures. They derived the terms below of the 
optimal frequency ratio and damping ratio of the TDA on a simply supported beam. 
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Where )(2 kn xφ is the nth mode shape function of the beam evaluated at the TDA 
position kx  (- the equivalent of l2) 
The above terms were incorporated into our FE optimization procedure to find the 
optimal damping ratio, mass and location of the TDA by the same direct approach 
described in section 5.2. The optimization results found that the TDA should be 
with a damping ratio of 0.4 and a mass of 0.015kg located at l2 = 0.14m. Figure 17 
shows the acoustic mobility curve with the addition of the optimal TDA. 
The optimized results in Figure 17 validates that adding a tuned TDA results in 
minimization of the acoustic mobility in a wideband of the frequency range. Adding 
the TDA cuts off the first peak of the acoustic mobility curve with no affect on the 
vibration filtering in the upper frequency bound as opposed to the correction mass 
case. This result was achieved with 10% of the added mass in the correction mass 
case, namely only 3% of the structure weight. In regards to the 0.4 damping ratio, it 
has been sown by V.C Ho at el. (Ho 2003) that this value is feasible using 
commercially available vibration mounts. 
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            Figure 17 - Acoustic mobility curves of a beam with a TDA and a cryogenic cooler 
mounted through a vibration protective Pad 
 
3.2.Concluding remarks 
This chapter presented an optimization procedure, aimed to minimize the overall 
noise radiation of an IR imager enclosure. This procedure is based on the theory of 
vibration isolation and the novel approach of the expanded weak radiator concept. 
The objective function of the optimization procedure calculates the optimal 
properties of the vibration protective pad and the dynamic absorber using a FE 
solver. The results obtained demonstrate the profound efficiency in reducing the 
acoustic mobility, and thus the noise radiation of the imager design, in a wide band 
frequency range. This is achieved at negligible cost and volume capacitance, 
without any reduction of the system visual imagery performance. A comprehensive 
experimental validation of the optimization procedure will be presented later in 
chapter 9. The above optimization procedure was excepted for publication at SPIE 
Infrared Technology and Applications XXXIV, and had been presented by the 
author at the SPIE Defence and Security conference (March 2008). 
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Nevertheless, the optimization procedure had reached an asymptotical performance 
limit of using a classic TDA to attenuate wide band vibration. Increasing the 
vibration attenuation capacity even more and expanding its efficiency over a wider 
frequency band (20kHz) would demand a more complex conceptual approach. The 
option of meeting this challenge is discussed in the next chapter.   
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4. WIDEBAND CONTROL OF VIBRATION IN CONTINUOUS 
SYSTEMS 
The previous chapter was dedicated to achieving a wideband vibration attenuation 
of a continuous system using an optimization procedure that uses, among the rest, a 
single tuneable dynamic absorber (TDA). Traditionally the TDA was used to reduce 
the displacement amplitude, caused by a forced harmonic vibration, at a specific 
region along the structure. Fundamentally, TDA may provide narrow frequency 
band vibration attenuation to a fairly small region of a continuous vibrating 
structure. As mention in section  3.1.1, the shell structure of the imager enclosure is 
subjected to a wideband vibration spectrum excitation which consequentially results 
in wideband acoustic radiation. Furthermore, as mentioned in section  3.1.2, the 
structure-borne noise radiation is a product of the normal component of the surface 
velocity over its whole domain. 
The attachment of TDA to machinery and structures has been considered by many 
researchers in the past three quarters of the century. The first recorded use of a 
dynamic vibration absorber was described by Watts (1883) and followed by Frahm 
(1909), but it was not until 1928 that Ormondroyd and Den Hartog published the 
mathematical treatment of the passive dynamic vibration absorber.  Much has been 
written ever since the conventional TDA was first described, but nevertheless, it is 
possible to classify them as follows: lumped parameter absorbers connected to 
lumped parameter systems, lumped parameter absorbers connected to continuous 
systems, distributed parameter absorbers connected to lumped parameter systems 
and distributed parameter systems connected to continuous systems. This section 
will show that the latter case is the most effective to attenuate wideband vibration of 
a continuous system. 
4.1.Wideband Vibration Attenuation using TDA 
Expanding the limited capability of the TDA to attenuate the structural borne noise 
radiation of a continuous system was attempted by Brennan and Dayou (Brennan, 
Dayou 2000). A general mathematical model has been developed for a structure 
with many vibration neutralizers attached. In order to gain a physical insight into 
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the passive control mechanisms, a beam with a single device attached has been 
studied. It was found that for local vibration control, where the vibration absorbers 
aim is to pin the structure at the point of attachment, the dynamic characteristics of 
the absorber are required to be tuned to a specific frequency. However, with global 
control the required dynamic characteristics of the neutralizer have optimum 
(threshold) values, beyond which any increase does not result in improved 
performance. The expression for this optimum values has been developed. 
However, adding a TDA may result in an increase rather than decrease in global 
vibration at some frequencies. These frequencies are the natural frequencies of the 
host structure when it is pinned at the neutralizer attachment point. If these natural 
frequencies coincide with a frequency of interest, they can be shifted to other 
frequencies by changing the position of the neutralizer (also emphasized by (Eşref, 
Levent 1994)). Simulation results show the kinetic energy of the cantilever beam 
calculated at each frequency with two control strategies implemented. It can be seen 
from the results that the constrained optimal control strategy reduces the kinetic 
energy at most frequencies and never makes the situation worse. The best control is 
achieved around the original resonance frequencies of the beam and there are some 
other frequency zones that are impossible to control. It is also clear that although 
the single TDA is effective at some frequencies, it makes global vibration worse at 
other frequencies. 
4.2.“Energy Sink” Method 
A single TDA being a single degree of freedom (DOF) has little control over the 
overall structure. Using several TDA could broaden the effect on attenuation both 
by spectrally and spatially. Koc et al. (Koc et al. 2005) and (Akay et al. 2005) used 
an alternative method of vibration absorption referred to as ‘energy sinks’. This 
method is based upon the attachment of a set of linear un-damped oscillators to a 
vibrating structure. According to the authors, these oscillators function as an energy 
sink which ‘absorbs’ kinetic energy from a structure and retains it in their phase 
space. However, in principle, these so called ‘energy sinks’ do not transform the 
kinetic energy to heat as in the classical sense. The absorbed energy remains at the 
‘energy sinks’ permanently (or for a sufficiently long duration) so that the flow of 
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energy from the primary structure appears as damped. The use of the term ‘energy 
sinks’ to name this method is inappropriate due to the fact that the total energy of 
the mechanical system remains unchanged and no sinking mechanism (in the sense 
of dissipation) is accounted for. The development of an optimization process was 
demonstrated to calculate the stiffness and mass properties of equally spaced 
oscillators along the structure (see Figure 18).  
 
 
  
    Figure 18- A Schematic description of a primary deformable structure (M) 
  and attached set of Oscillators (mi) (Koc et al. 2005) 
 
The optimization process aims to minimize the energy of the primary mass over a 
selected time period. Optimization results show a degree of robustness of the 
process with respect to the initial frequency distributions and the values of loss 
factors. Optimum distributions of attached oscillators increase the density near the 
frequencies of interest. This result is consistent with the observation that with linear 
frequency distributions (and thus constant frequency difference) oscillators near the 
primary frequency respond with a higher level of energy absorption than those with 
frequencies away from it. Such a distribution also de-emphasizes the need to fine 
tune the frequencies as in conventional TDA. However, implementing the ‘energy 
sink’ method to a real structure demands high volume penalty due to the fairly large 
volume of oscillators needed to compensate for their lack of traditional viscous 
energy dissipation (that results in low loss factor). In practice, ‘energy sinks’ were 
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found more suitable for large structures, and it has an advantage in transient and 
low frequency applications. 
4.3.Multi Degree of Freedom TDA 
An additional approach intended to broaden the effect of single degree of freedom 
TDA, is using a distributed parameter absorber which is comprised of multi DOF. 
Arpaci (Arpaci 1996) used an annular plate to suppress the vibrations of continuous 
structures such as beams and plates. A full description is described by Arpaci and 
optimum values of its tuning and damping parameters are specified in a graphical 
form. The tuning aims to achieve suppression of the first resonance, which is the 
most troublesome for structures. The main and auxiliary systems are assumed to 
have structural damping. With appropriate selection of the tuning and damping 
parameters, the fundamental resonance of the main system is separated into two new 
ones with considerably reduced amplitudes (as for the case of 1D TDA). The 
effectiveness of this approach results from the several structural resonances of the 
annular plate (making it function similar to several TDA’s with different resonance 
frequencies connected to the same point along the structure). The vibration levels 
are attenuated both by the structural damping of the annular plate and its TDA 
effect. It was further suggested that relatively large damping factors can be obtained 
by coating the annular plate surface with damping compound or by using plates 
from several steel-viscoelastic laminations. This approach, referred to as ‘Surface 
damping treatment’, is discussed in the next section. 
4.4.Surface Damping Treatment 
One of the recent trends in passive damping technologies of mechanical structures 
is the use of various combinations of viscoelastic materials and metal skins. These 
techniques, referred to as ‘surface damping treatments’, are based on knowledge 
available since the 1950’s (Kerwin 1959). Surface damping has renewed interest 
lately and is widely used to reduce interior noise and vibration in passenger vehicle 
structures. Two of the most common surface damping treatments, which are 
discussed in Rao 2003, are ‘free layer damping’ and ‘constrained layer damping’ 
(see Figure 19). Free layer damping is accomplished when a damping material is 
     
 
 
 
 
57 
either sprayed on the structure or bonded using a pressure-sensitive adhesive. When 
the base structure is deflected in bending, the viscoelastic material deforms 
primarily in tension and compression in planes parallel to the base structure. The 
hysteretic loop of the cyclic stress and strain dissipates the energy. The degree of 
damping is limited by thickness and weight restrictions.  
 
 
    Figure 19- Surface treatments: Free layer (left), Constraint layer (right) (Rao 2003) 
 
Constraint layer surface treatment consists of the sandwich of two outer elastic 
layers with a viscoelastic material as the core. When the base structure undergoes 
bending vibration, the viscoelastic material is forced to deform in shear by the upper 
stiff layer. According to the authors, the constrained-layer damping is more 
effective than the free-layer design since more energy is consumed and dissipated 
into heat in the work done by the shearing mode within the viscoelastic layer. 
Marcotte et al. (Marcotte, P., C.R. Fuller and P.Cambou. 2000) conducted constraint 
layer surface treatment on a clamped beam and clamped plate structures. Different 
mass distributions were also appended by alternating the constraint layer thickness, 
in order to enhance the vibration attenuation of the surface treatment. The mass and 
layer distribution was optimized to minimize the mean square velocity field of the 
structure (equivalent to volume velocity). The results show a wideband vibration 
attenuation average of 13dB. 
4.5.Impact Vibration Absorber 
An additional method of passive vibration control is the use of impact vibration 
absorber (IVA). IVA, also referred to as impact damper (Reznikov Korlev), is an 
example of an auxiliary vibration-absorbing appendage. An IVA consists of a free 
absorber mass oscillating between the motion-limiting stops of a primary system 
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was demonstrated by Ekwaro-Osire and Desen. When the amplitude of vibration of 
the primary system exceeds the gap between the stops, the absorber mass collides 
with the stop. Under sufficient excitation, the absorber mass undergoes cyclic 
motion, colliding occasionally with the stops. According to their work, this 
mechanism provides the IVA the ability to reduce the vibration of the primary 
system through momentum transfer and supposedly by collision and dissipation of 
kinetic energy as acoustic and heat energy. Ekwaro-Osire and Desen classified the 
IVA’s existence as (a) single-unit IVA’s, (b) multi-unit IVA’s, (c) hybrid IVA’s, 
and (d) compound IVA’s. In Figure 20, the shaded mass with the spring and damper 
to the left, constitutes the primary system whose oscillations are to be mitigated by 
the IVA. 
 
 
    Figure 20- Types of IVA’s: (a) Single-unit, (b) multi-unit, 
 (c) hybrid, (d) compound(Ekwaro-Osire, Desen 2001) 
 
 
 Single-unit IVA’s consists of a single mass moving freely in the primary system 
cavity (Figure 20 a), whereas multiunit IVA’s utilizes multiple impact masses 
contained either in the same cavity (Figure 20 b) or in separate cavities. Hybrid 
IVA’s are IVA systems combined with other absorbers. An example of a hybrid 
IVA is an IVA connected to a mass-spring-damper absorber (Figure 20 c). On the 
other hand, the impact mass in a compound IVA is attached to the primary system, 
for example, by a pendulum (Figure 20 d). The authors experimental studies of a 
compound IVA results in the following findings. Higher mass ratios cause faster 
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vibration absorption, influence of clearance between the moving mass and system 
cavity wall on vibration absorption seemed inconsistent; higher initial velocity of 
the moving mass results in faster vibration attenuation. The latter finding is 
consistent with the theory of vibro-impact where the coefficient of restitution, 
which affects the amount of energy dissipated by an impact, depends on the 
velocities of the bodies at the instant of impact (Babitsky 1998). It has been 
confirmed experimentally ((Ekwaro-Osire, Desen 2001) and (Collette 1998)) that 
periodic, symmetric, and steady state motion of the IVA enables efficient 
absorption. However, this efficiency strongly diminishes when the motion is 
random. In summary, the use of IVA is more appropriate for robust structures under 
the influence of severe vibration excitation where the allowed noise radiation is 
extremely high. 
4.6.Granular Damping 
Granular damping is a passive vibration suppression technique which attenuates the 
response of a vibrating structure by the use of granules of various shapes, sizes, and 
materials; placed in an enclosure attached to or embedded in the structure. The 
underlying principle of granular damping according to Papalou and Masri (Papalou, 
Masri 1996a) and (Papalou, Masri 1996b) is the removal of vibratory energy 
through inelastic collisions and frictional interactions among the granules and 
between the granules and the enclosure. This technique essentially expands upon the 
aforementioned concept of the impact vibrator absorber. The behaviour of the 
granules can be classified into three modes: Kinetic, where granules flow through 
the cavity or enclosure (Figure 21a); Collision, where adjacent granules colliding 
directly results in energy dissipation through inelastic strain (Figure 21b);  
Frictional, where the flow of granules becomes highly dense, energy dissipate 
through long term fictional contact (Figure 21b).  
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    Figure 21- Three modes of granular behaviour (Fang, Tang 2006) 
The above three modes may occur simultaneously in different regions of the cavity. 
Fang and Tang (Fang, Tang 2006) preformed qualitative and quantitative analyses 
of granular damping in forced harmonic vibration. However, the author’s analytical 
model incorrectly neglects the frictional energy dissipation effect between the 
granules. This assumption resulted in a wrongful conclusion that a granular damper 
with high volume fraction of granular filling (85%) is ineffective due to lack of 
granular collisions and the optimum volume fraction should be 63%. These finding 
were opposed by Wu et al. (Wu, Liao & Wang 2004) and they experimentally 
proved that the higher the granular mass the stronger the attenuation. It should be 
noted that the modelling approach studied by Wu et al. is foremost in the existing 
literature for particle damping technology. An additional simulation and 
characterization of particle damping under transient vibrations was performed by 
Mao et al. (Mao et al. 2004). Mao et al. also experimentally showed that most of the 
energy dissipation occurs during particle to particle collisions. It was furthermore 
emphasized that the most profound vibration attenuation occurred when the granular 
particles were uniformly distributed along the cavity and moving as a cluster (which 
diminishes the concept of granular damping). These results were also substantiated 
by Xu et al (Xu, Wang & Chen 2004) who used FE method to simulate particle 
damping on beam and plate structures. 
a 
b 
c 
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4.7.Self Damping System  
A unique approach of a self damping system was introduced by Babitsky and 
Veprik (Babitsky, Veprik 1993). This novel system which consists of an elastic 
beam with a sliding washer, was found to ‘self damp’ under various external 
excitation. The sliding washer is found to eliminate the beam resonances by 
‘moving’ along the beam. The movement of the washer results from the action of 
vibration induced force referred to as ‘wave pressure’ force. The self damping 
resulted from the detuning of the system ‘string pulse washer’ away from the 
original resonances consequently changing the system eigenfrequency spectrum. 
The dynamics of this system was formulated and also substantiated experimentally. 
Although this unique approach evoked greater interest, attributable to its enormous 
potential and applicability, it was only investigated again in a few publication 
((Thomsen 1996) and (Miranda, Thomsen 1998)). 
4.8.Distributed Dynamic Absorber – A Three Dimensional Self Damping System 
This chapter reviews the various passive vibration control methods which attempt to 
reduce vibration in a continuous structure under wideband excitation. The classic 
TDA proved to be affective in a local reduction of structural vibration but 
insufficient when it comes to wideband vibration attenuation. Expanding upon the 
concept of TDA was attempted by introducing the multi degree of freedom TDA 
providing wideband attenuation. However, it proved to control only a limited space 
in the vicinity of its connection. The ‘energy sinks’ method seemed more 
appropriate for global and wideband vibration attenuation in terms of robustness 
with respect to the initial frequency distributions and the value of loss factors. 
Nevertheless, implementing the ‘energy sink’ method to a real structure demands 
high volume penalty pay. 
The concept of IVA evoked the development of granular damping methods in an 
attempt to smoothen its harsh knocking by-product. In practice the use of small 
grain particles suffers from a clustering effect caused by absorption of humidity 
over time. Clustering severely deteriorates the vibration dissipation potential of the 
granular material. On the other hand, the use of large particle size had been proven 
to be much more efficient by (Ekwaro-Osire, Desen 2001) and (Collette 1998) 
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particularly under random excitation (Papalou, Masri 1996a) and (Papalou, Masri 
1996b). 
The distributed dynamic absorber (DDA) presented below, intended to use the 
advantages of the aforementioned methods without paying a high volume penalty. It 
intends to provide wideband vibration attenuation regardless of the structure it is 
attached to. This may be achieved by expanding the mode of self damping system to 
a 3D system and the use of large ball bearing particles embedded in a viscoelastic 
matrix. 
A schematic illustration of the proposed DDA is presented in Figure 22. The 
viscous matrix is presented through a spring damper couple, and the ball bearing 
particles are presented with gray circles.  
The chapters of this work will concentrate on investigating quantitatively and 
qualitatively the dynamics of the DDA. This will involve analytical formulation and 
paramedic analysis along with comprehensive FE simulations and a full scale 
experiment on an actual DDA. As emphasized by Gardiner and Tordesillas 
(Gardiner, Tordesillas 2006), the FE simulations should be completely three 
dimensional in order to capture all aspects of the particle dynamics, and the need for 
a multi-physics modulation is highly important due to the strong temperature 
dependency of viscoelastic materials (Cheng, Lapointe 1995). 
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    Figure 22- Schematic model of DDA – Side view (upper sketch), Top view (lower 
sketch) 
 
4.9.Summary 
The optimization procedure introduced in chapter 3 shows promising results in 
reducing the acoustic radiation of the cooled IR imager through a wideband 
frequency range. This procedure, based on the theory of vibration isolation and the 
novel approach of the expanded weak radiator concept, proved that noise export 
reduction can be achieved at negligible cost and volume capacitance without 
compromising the system visual imagery performance. 
Nevertheless, in order to achieve a true wideband and large scale vibration 
attenuation the distributed dynamic absorber is introduced. The distributed dynamic 
absorber utilizes the advantages of several techniques of passive damping methods 
without paying a high mass or volume penalty. It is intended to provide wideband 
x 
y 
x 
z 
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vibration attenuation regardless of the structure it is attached to and the excitation 
severances. 
The next chapters will include a meticulous investigation of the distributed dynamic 
absorber using complete FE simulation and full scale experimentation. 
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5. MULTI-MODAL DISTRIBUTED DYNAMIC ABSORBER   
The potential of having a true wideband and global vibration attenuation device 
with a low volume penalty pay was established in the previous chapter. This chapter 
will show in detail the process of developing a mechanical structure that has 
numerous resonances over a wide frequency range and therefore, provides wideband 
vibration attenuation. This structure dynamics is based on an expansion upon the 
concept of the classical Tuned Dynamic Absorber (TDA) theory. 
5.1.1. One Dimensional Dynamic Absorber vs. Three Dimensional Dynamic 
Absorber 
As mentioned earlier, TDA’s are widely used in mechanical systems as a local 
vibration attenuation device. At the present, the majority of applications that use a 
classical TDA, use it as a ‘pure’ one degree of freedom (1D) device. In spite of the 
fact that a 1D TDA is essentially a three dimensional entity, it is designed in such a 
manner that its two additional lateral resonances are significantly higher than its 
axial resonance, where the axial direction coincides with the excitation direction 
(see Figure below). This design mind-set originated out of the simplification of 
tuning an added 1D entity TDA to an existing mechanical system. In certain cases, 
where a three directional vibration absorption is required a threesome of TDA’s are 
used. 
 
Figure 23 – Typical vibration isolator often used in commercial 1D TDA systems 
 
Axial 
Direction 
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The simplification mentioned above results in missing out the key benefit of having 
additional modes for the TDA. The effectiveness of having some additional modes 
in a direction other than the excitation direction is yet to be thoroughly explored and 
wrongfully considered as minor, by a rule of thumb. The next section will show the 
added value of the additional modes. 
5.1.2. A 3D Dynamic Absorber Model 
A 3D Tuned Dynamic Absorber is a three dimensional mechanical entity rather than 
a one dimensional such as the classical 1D TDA. In order to emphasize the 
difference between a 3D TDA and a 1D TDA a Finite Element (FE) model of a 
simple mass-spring-damper structure is used. Figure 24 illustrates the FE model 
which consists of a metal ball embedded in a viscoelastic matrix. Using this basic 
TDA structure enables straightforward tuning of its dynamic properties simply by 
either altering the Viscoelastic matrix stiffness and dumping, or varying its metal 
ball density. The damping model used to simulate the damping effect of the viscous 
matrix was the structural damping coefficient (explained in appendix B). 
This structure concept has many other advantages, which will be explained later in 
greater detail. 
 
Figure 24 – FE model of a 3D mass-spring-damper structure.  
5.1.3. Normal Modes of the 3D Tuned Dynamic Absorber 
The first stage in understanding the dynamic behaviour of the 3D TDA is looking at 
its normal modes. Using a FE normal modes simulation, the first six modes 
generated are shown in the following Figures. The boundary condition used at this 
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simulation is a constrained bottom face of the 3D TDA (the lower face that is on the 
X-Z plane see fig.24). 
 
 
Figure 25- TDA 1st mode: 641Hz – X translation (lateral) 
 
Figure 26- TDA 2nd mode : 641Hz – Z translation (lateral) 
 
 
Figure 27- TDA 3rd mode : 813Hz – Y Rotation 
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Figure 28- TDA 4th – 5th mode: 1596Hz – X, Z Rotation 
 
 
Figure 29- TDA axial modes (Y translation):  
6th mode - 1982Hz (left) 24th mode - 15.4kHz (right)  
 
As seen in the five Figures above the 3D TDA has five preceding modes in addition 
to the typical ‘axial’ mode of the 1D TDA. These five modes have a distinctive 
dynamic behaviour totally different from a classical 1D mass-spring-damper 
system. Furthermore, since the aforementioned 3D TDA model represents a 
continuous structure, many more modes are generated in the FE simulation. Some 
of these modes are higher harmonics of the six first modes and some are a 
permutation of them as seen in figure 29 left. It is appropriate to mention here that 
certain modes are triggered in a certain direction of excitation, whereas other modes 
would be triggered in different excitation direction. In order to distinguish between 
the modes and to emphasize how a 3D TDA model does differs from the classical 
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one, a frequency response curve is generated. The next section will show the 
profound added value the 3D TDA has over the classic 1D TDA. 
5.1.4. Frequency Response Curves of a 3D and 1D TDA 
This section will show a comparison between two cases, one is the case of a 
classical mass-spring-damper namely a 1D TDA system and the other is a 3D TDA. 
Both TDA cases had been tuned to a 90Hz resonance in the axial direction, have a 
mass of 10gr and damping with a loss factor of 0.2. In fact, these two mechanical 
systems are fundamentally identical in a classical dynamics point of view. Both 
systems are subjected to a sine sweep procedure and the two frequency response 
curves generated are shown in the figure below. 
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Figure 30 – Frequency response curves of a 1D TDA (blue) and 3D TDA (pink) 
 
It is evident in the figure above that the frequency response of the 3D TDA is much 
more impressive than the 1D TDA. At the lower frequency band, both response 
curves seem the same, as the resonance of the 1D TDA and the 6th mode (axial) of 
the 3D TDA were tuned to 90Hz. On the other hand, at the above 200Hz frequency 
range, it can be seen that the 3D TDA has many more resonances than the 1D TDA. 
This implies that the additional aforementioned modes uncovered contribute to the 
3D TDA dynamic absorption. For example the second peak seen at the 690Hz 
region results from the 3D TDA second axial mode (see figure 29 left). 
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Having these additional modes, insinuate the existence of a dynamic absorption 
capacity, in a wider frequency range. Harnessing the multi-modal dynamic 
absorption potential of the 3D TDA may bring us closer to the wide range vibration 
attenuation we seek. 
The next stage would be testing the 3D TDA in a simple dynamic system to see the 
fruition of its wide spectrum absorption capacity. 
5.1.5. Beam vibration reduction using 1D and 3D Tuned Dynamic Absorbers 
The impressive wide spectrum dynamic response of the 3D TDA mentioned in the 
later section and its wide spectrum absorption capacity, are examined here using a 
simple dynamic system. A simply supported beam subjected to a frequency 
response procedure is evaluated in three distinctive cases. The first case is the 
natural vibration of a simply supported beam on its own. In the second case, a 1D 
TDA is attached at the midpoint of the beam and in the third case, a 3D TDA is 
swapped with the 1D TDA at the same midpoint location. Each case had generated a 
different frequency response spectrum. The quantity measured here is the beam 
Volume Velocity at each frequency (explained earlier in section 3.1.2.2). Using the 
Volume Velocity as criteria enables taking into account the continuous system 
overall response rather than a limited domain of the system. The FE model used to 
simulate the three cases above is illustrated in figure 31. 
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Figure 31 – Three cases of simply supported beam:  
A – stand alone beam, B – Beam with a 1D TDA, C - beam with 3D TDA 
 
Figure 31A illustrates the stand alone 10x200x2mm steel beam with a provision to a 
1D TDA and a 3D TDA at its midpoint. A 1D TDA is added to the beam in figure 
31B simply by adding a spring element with a damping effect and a lumped 10gr 
mass. The spring element axial stiffness is set to K=3197[N/m] in order to tune the 
1D TDA to a 90Hz resonance. The 3D TDA that is supplemented to the beam 
instead of the 1D TDA is illustrated at figure 31C. This figure also illustrates a 
zoom view of the 3D TDA with a similar structure of the 3D TDA in figure 24. The 
current 3D TDA consists of a 10mm ball diameter with a density of Tungsten, 
[ ]3/19300 mmkgtung =ρ . The 3D TDA 6th mode (axial mode) was also tuned to a 
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C 
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90Hz resonance. The frequency response curves generated from the three cases can 
be seen in the figure below. 
 
Figure 32 – frequency response curves for three cases of simply supported beam 
Stand alone beam (black), beam with added 1D TDA (green), beam with added 3D 
TDA (red) 
 
The figure above clearly verifies the enhanced vibration absorption capacity the 3D 
TDA has over the 1D TDA. It is evident that the enhanced vibration attenuation of 
the 3D TDA governs the whole spectrum. Moreover, meticulously examining the 
frequency response curves at the high frequency peaks (circled in figure 32), reveals 
that the 3D TDA vibration absorption capacity increases with frequency. This 
enhanced absorption is quantified in the figures below which are close-up views of 
the two peaks circled in figure 32.    
A 
B 
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Figure 33 – Close-up view of the two resonance peaks from Figure 32 
Upper Figure – Peak A, Lower Figure – Peak B 
 
Comparing the vibration attenuation at the two peaks reveals that the capacity rose 
from 80% at peak A to 92% at Peak B. It is also quantitatively substantiated in the 
figure above that the absorption potential of the 3D TDA is much more impressive 
than the 1D TDA. 
4.09/2.65=1.5 
4.09/0.82=5 
1.8/0.14=13 
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5.2.Multiple Cell 3D Dynamic Absorber 
The previous section was dedicated to the introduction of the 3D TDA and its 
predominance over the 1D TDA as a dynamic absorber. It is important to stress that 
the advantage that the 3D TDA has over the classic 1D TDA stems from its several 
normal modes. With this in mind, one could ask: “what if we could multiply the 
amount of modes a 3D TDA has? Could we achieve the same (or better) absorption 
potential using the same (or less) volume and mass penalty? How imperative is it 
that the 3D TDA should be a multi-modal TDA?” This section will be dedicated to 
answering the first question above. The two remaining questions will be answered 
in the next sections. 
The first question is answered by utilizing a basic feature of the 3D TDA conceptual 
model, presented in the previous chapter. This model can be considered as a single 
cell 3D TDA. This conceptual model allows the advantage of easily joining a 
number of 3D TDA cells to achieve a dynamic structure with multiplied normal 
modes, making it a multi-modal 3D TDA. The section ahead will show several 
examples of a multiple cell 3D dynamic absorber and its modal analysis. 
5.2.1. Double-Cell 3D Dynamic Absorber 
The most trivial example of a multiple cell dynamic absorber would be a double-
cell structure. Such a double cell 3D TDA, illustrated in the figure below, consists 
of two unit cells (described in section 5.1.1) jointed together. 
                   
Figure 34 – Double Cell 3D Dynamic Absorber 
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5.2.1.1.Normal Modes of a Double Cell 3D Dynamic Absorber 
As demonstrated with the single cell 3D TDA, a normal modes simulation was 
conducted while the double-cell 3D dynamic absorber was constrained at its bottom 
face (X-Z plane). The following figures show the produced normal modes. 
 
Figure 35- 1st mode: 653Hz – Z Symmetric translation (single cell 641Hz) 
  
Figure 36- 2nd mode: 734Hz – Z Asymmetric translation 
 
Figure 37- 3rd mode: 758Hz – X symmetric translation (single cell– 641Hz) 
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Figure 38- 4th mode: 1219 – Y Bending 
 
 
Figure 39- 5th mode: 1565Hz – X Asymmetric translation 
 
Figure 40- 6th mode: 1606Hz – X Rotation (single – 1596Hz) 
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Figure 41- 7th mode: 1627Hz – X Asymmetric Rotation  
 
Figure 42- 8th mode: 1789Hz – Z symmetric Rotation 
 
The eight modes described in the figures above are only a few of the modes 
generated by the normal mode simulation. In fact, the double-cell 3D TDA had 
generated twice the amount of modes the single cell produced at the 1Hz to 2200Hz 
frequency bound. Some of the double-cell modes (1st, 3rd and 6th) resemble the 
modes of the single cell and some are completely new. Out of the new double-cell’s 
modes, there are a few that demonstrate an associate dynamic behaviour between 
the cells. This phenomenon will be broadly discussed ahead. 
5.2.2.  Quadruple Cell 3D Dynamic Absorber 
A more interesting example of a multiple cell dynamic absorber would be a 
Quadruple cell dynamic absorber. The Quad-cell TDA is consists of four unit cells 
joined together symmetrically as shown in the figure below. These unit cells also 
consist of a 3mm diameter ball embedded in the same 3.2mm by 3.2mm by 3.2mm 
viscoelastic matrix. 
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Figure 43 – Quadruple Cell 3D Dynamic Absorber 
 
5.2.2.1.Normal Modes of a Quadruple Cell 3D Dynamic Absorber 
Identical to the previous section, a normal modes simulation was conducted while 
the Quad-Cell 3D dynamic absorber was constrained at its bottom face (X-Z plane). 
The following figures show the produced normal modes. 
 
 
Figure 44 –1st and 2nd mode: 765Hz – X,Z  Symmetric translation (single cell 641Hz) 
X 
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Figure 45 –3rd mode : 781Hz – Y symmetric rotation 
 
Figure 46 –4th mode: 1177Hz – X-Z in-Plane Shear 
 
 
Figure 47 –5th mode: 1407Hz 
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Figure 48 –6th mode: 1532Hz  
 
Figure 49 –7th mode: 1532Hz 
 
Figure 50 –8th mode: 1587Hz 
     
 
 
 
 
81 
 
Figure 51 – 9th mode: 1687Hz – Y translation (axial) (single cell-1982Hz) 
 
Figure 52 –10th and 11th mode: 1803Hz 
 
 
Figure 53 –12th and 13th mode: 1832Hz 
The thirteen modes described in the figures above are only a part of the modes 
generated by the normal mode simulation. In fact, the Quad-cell 3D TDA had 
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generated nearly twice the amount of modes the double cell produced and four times 
the amount of modes the single cell generated at the 1Hz to 2200Hz frequency 
range. Here again, some of the double cell modes resemble modes of the single cell 
and double cell, but some are completely new. Out of the new Quad-cell modes, 
there are many more that demonstrate an associate dynamic behaviour between the 
cells. This phenomenon will be even more evident in the Nine-cell 3D Dynamic 
absorber introduced in the next section. 
5.2.3. Nonacell 3D Dynamic Absorber 
The notion of multiplying the amount of modes causes a staggering effect in a 
Nonacell (nine cells) dynamic absorber structure. The associated dynamic modes 
seen in the double and quad structures is an understatement in comparison to the 
dynamic behaviour seen in the Nonacell dynamic absorber. Moreover, the usual 
axial mode shown in the previous examples is separated into several modes and 
therefore, defines a spectrum of axial response. This spectrum is also diverse in the 
intensity of dynamic absorbance due to the effect that the more cells involved with 
the mode the better the dynamic absorbance of the Nonacell. The next figure 
describes a Nonacell dynamic absorber with nine 3mm metal balls uniformly 
embedded in a 9.45mm by 9.45mm by 3.15mm viscoelastic matrix. 
 
Figure 54 – Nonacell Dynamic Absorber 
 
5.2.3.1.Normal Modes of Nonacell Dynamic Absorber 
As for the previous cases, a normal modes simulation was conducted while the 
Nonacell dynamic absorber was constrained at its bottom face (X-Z plane). The 
following figures show the resulting normal modes. 
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Figure 55 – 1st and 2nd mode: – 785Hz X, Z Symmetric translation (785Hz Quad-cell) 
  
 
 
Figure 56 – 3rd mode : – 796Hz  Y  Symmetric uniform rotation (781Hz - Quad-cell) 
 
 
Figure 57 – 4th mode: – 995Hz X, Z Symmetric translation (1177Hz - Quad-cell) 
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Figure 58 – 5th (left) and 6th (right) mode: – 1139Hz X, Z none uniform translation  
 
 
Figure 59 – 7th mode: – 1248Hz (1407Hz - Quad-cell) 
 
 
Figure 60 – 8th mode: – 1346Hz (1587Hz - Quad-cell) 
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Figure 61 – 9th (left) and 10th (right) mode: – 1395Hz  
 
Figure 62 – 11th mode: 1471Hz – First axial mode (1687Hz - Quad-cell) 
 
Figure 63 – 12th mode: 1535Hz  
 
Figure 64 – 15th mode: 1700Hz  
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16th 19th  
21st 24th  
29th 30th  
31st 36th  
 
Figure 65 – Eight axial translation modes: 1744Hz to 2222Hz 
 
The eleven figures above present a review of the main modes generated at the 1Hz 
to 2000Hz bound. Overall, an impressive amount of modes (32 modes) were 
generated in that bound for the Nonacell dynamic absorber. There are some modes 
that are almost identical to the Quad-cell dynamic absorber, modes such as the 1st 
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until the 4th modes, 7th, 8th and the 11th mode. Among those modes, some new 
modes are added in the Nonacell configuration. All those modes involve a mutual 
dynamic response of the neighbouring cells. Two good examples are the 12th (figure 
63) and 15th (figure 64) modes, where mutual rotational and mutual transitional 
modes are shown respectively. 
A unique phenomenon first seen in the Nonacell dynamic absorber is the spanning 
of the main axial mode into a number of axial modes. These modes generate an 
axial response spectrum that stretches through a wide 750Hz range and consists of 
nine different modes, starting from the 15th mode to the 36th mode. It can be seen 
from figure 65 that each axial mode has a unique behaviour in the sense that at each 
mode, different cells are involved in the mutual dynamic response. Moreover, it can 
be seen that some modes involve more cells than others. This suggests that some 
modes are more intense than others and this will be proven with enhanced dynamic 
absorbance in the next section. 
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5.3.Beam Vibration Reduction Using Multiple Cell Dynamic Absorber 
The preceding section reviewed the option of multiplying the amount of modes of a 
3D TDA by using few configurations of multiple cell dynamic absorbers. 
Effectively, the first question proposed at the beginning of that section, concerning 
the ability to multiply the amount of modes, was answered. Consequentially, this 
section is dedicated to answering the remaining questions concerning the 
effectiveness of using a multi-modal dynamic absorber and the importance of 
having its modes multiplied. 
The answer will be achieved by using the same simple mechanical system (see 
sections 2.1 & 5.1.5) of a simply supported beam subjected to a frequency response 
procedure. Two cases of using two different multiple cell dynamic absorbers will be 
examined: First, the use of Quad-cell dynamic absorber to reduce the vibration of 
the beam and secondly, using a Nonacell dynamic absorber. In order to create a 
common ground between the current and the previous cases, in both current cases, a 
specially designed Multi-cell dynamic absorber will be used to fit the same 10mm 
by 10mm space at the middle of the beam. Furthermore, these Multi-cell dynamic 
absorbers will be tuned to the same frequency as the previous cases. A complete 
description of this Multi-cell dynamic absorber is given in the next section. 
 
5.3.1. Quad-cell Dynamic Absorber Performance 
5.3.1.1.Frequency Response Curves of a Quad-cell Dynamic Absorber 
This section will show a comparison between two cases, one is the case of a 
classical mass-spring-damper namely a 1D TDA system and the other will be a 
Quad-cell dynamic absorber. Both cases have been tuned to a 90Hz resonance, have 
a mass of 5gr and damping with a loss factor of 0.2. The two frequency response 
curves generated by a FE procedure are shown in the figure below. 
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Figure 66 – Frequency response curves of a 1D TDA (Red) and Quad-cell dynamic 
absorber (Black) 
 
It is evident from the figure above that the frequency response of the Quad-cell is 
very different than the 1D TDA. As opposed to the previous case (see figure 30), 
even at the lower frequency band, both response curves seem different. Due to the 
fact that the resonance of the 1D TDA, and the 9th mode (axial) of the Quad-cell  
were tuned to 90Hz, both curves reach a peek at approximately 90Hz but with a 
completely different amplification. It appears that the Quad-cell has a larger loss 
factor than that of the 1D TDA. 
Furthermore, at the above 100Hz frequency range, it can be seen that the Quad-cell 
dynamic absorber has replaced the 3D resonances with a whole range of resonances. 
This endorses the hypothesis that these additional modes might contribute to the 
Quad-cell dynamic response. Having these additional modes insinuate the existence 
of a dynamic absorption capacity in a wider frequency range and may bring us even 
closer to the wide range vibration attenuation we seek. 
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5.3.1.2. Beam vibration reduction using a Quad-cell dynamic absorber 
As mentioned in the introduction of this chapter, the same mechanical system used 
in section 2.1 is used here to evaluate the absorption potential of the multi-cell 
dynamic absorber. 
 
   
 
 
Figure 67 – Quad-cell dynamic absorber (left) connected to a simply supported beam 
(right)  
 
It can be seen in the figure above that the Quad-cell dynamic absorber is half the 
height of the single cell 3D TDA (see figure 21-C). The aforementioned fact 
dictated the decrease of the ball diameter to half the size and therefore, one eight of 
the mass. Altogether, the total mass of the Quad-cell is reduced to half the mass of 
the 3D TDA used before (four balls with 1/8 of the mass), meaning 5gr. The 
properties of the viscoelastic matrix were adjusted accordingly in order to tune the 
Quad-cell ninth mode to a 90Hz axial resonance (see figure 51).  
The frequency response curves generated from the three cases are shown in the 
figure below. 
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Figure 68 – Frequency response curves for three cases of simply supported beam 
Stand alone beam (green), beam with added 1D TDA (red), and beam with added 
Quad-cell (Black) 
 
The figure above shows a comparison between three cases of a frequency response 
spectrum of a simply supported beam. First case is the stand alone beam excitation, 
the second case is the same beam with a 1D TDA whereas the 1D TDA is swapped 
with a Quad-cell dynamic absorber. 
It can be seen that in addition to the wide range vibration attenuation that the 3D 
TDA showed earlier, the Quad-cell demonstrates a better attenuation at the first 
peak (over the 100Hz region).  
It is very important to emphasize that the enhanced vibration attenuation was 
acquired using half the mass of the previous 10mm dynamic absorber. The results 
above prove that a better performance of the dynamic absorber can be achieved with 
half the mass, providing that the dynamic absorber is a multi-modal one. 
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5.3.2. Nonacell Dynamic Absorber Performance 
As for the case of the Quad-cell dynamic absorber, the evaluation of the Nonacell 
dynamic absorber performance will start with looking at its frequency response 
curve and will then continue with its performance in a simple mechanical system. 
5.3.2.1.Frequency Response Curves of a Nonacell Dynamic Absorber 
This section will show a comparison between two cases, one is the case of a 
classical mass-spring-damper namely a 1D TDA system and the other is a Nonacell 
dynamic absorber. Both cases have been tuned to a 90Hz resonance, have a mass of 
2.7gr, and damping with a loss factor of 0.2. The two frequency response curves 
generated by a FE procedure are shown in the figure 69. 
It can be seen that instead of getting a single frequency response curve, the 
Nonacell generated a triple of curves. These curves represent the frequency 
response of different regions of the Nonacell dynamic absorber. To be more 
specific, the Nonacell is composed of three different cell types: A Corner cell, an 
Edge cell and a Centre cell (see figure 69). Each of these cells has a slightly 
different frequency response as can be seen at the figure below. It is important to 
emphasize here that the aforementioned phenomenon did not occur at the Quad-cell 
dynamic absorber. This phenomenon lies with the observation of the span of the 
axial modes into a spectrum of axial modes, discussed in section 6.3.1. In addition, 
the fact that these curves have different amplifications from one another leads to the 
conclusion that some axial modes are more intense than others as suggested in 
section 6.3.1.  
     
 
 
 
 
93 
1.00E-02
1.00E-01
1.00E+00
1.00E+01
1.00E+02
1.00E+03
1.00E+04
1.00E+00 1.00E+01 1.00E+02 1.00E+03
Frequency[Hz]
PS
D
[g
^
z/
H
z]
Corner
Edge
Centre
1D TDA
 
Figure 69 – Frequency response curves of a 1D TDA (Red) and Nonacell dynamic 
absorber (Dark blue – Corner cell, Light blue – Edge, Green- Centre) 
5.3.2.2.Beam vibration reduction using a Nonacell dynamic absorber 
It can be seen in the figure below that the Nonacell dynamic absorber is less than a 
third the height of the single cell 3D TDA (see figure 31-C). This dictates the 
decrease of the total mass of the Nonacell to nearly a quarter the mass of the 3D 
TDA used before, meaning 2.4 gr. The properties of the viscoelastic matrix were 
adjusted accordingly in order to tune the Nonacell 24th mode to a 90Hz axial 
resonance (see figure 65).  
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Figure 70 – Nonacell dynamic absorber (left) connected to a simply supported beam 
  
The figure below shows a comparison between three cases of a frequency response 
spectrum of a simply supported beam. The first case is a standalone beam 
excitation. The second case is a beam with 1D TDA, and in the third case the 1D 
TDA is swapped with a Nonacell dynamic absorber. 
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Figure 71 – Frequency response curves for three cases of simply supported beam  
Stand alone beam (green), beam with added 1D TDA (red), and beam with added 
Nonacell (Black) 
It can be seen that the Nonacell demonstrates a less successive vibration attenuation 
of the first peak (110Hz region) as compared to the Quad-cell in figure 68. It 
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appears that multiplying the Quad-cell dynamic absorber modes by using a 
configuration with a higher cell order, failed to deliver better performance. It can be 
deduced that increasing the amount of modes of a dynamic absorber can be 
beneficial to a certain extent, meaning an optimum number of modes exists for a 
particular dynamic system, and this optimum may differ from system to system. 
5.4.Concluding remarks 
This chapter reviewed in detail the process of developing a multi-modal distributed 
dynamic absorber (MMDA), a mechanical structure that has numerous resonances 
over a wide frequency range. This conceptual model capacity to provide wideband 
vibration attenuation had been investigated through detailed FE simulations and 
revealed a remarkable dynamic behaviour. The leading strategy in developing the 
concept of MMDA was increasing the amount of modes to achieve a more 
dynamically reactive structure with a better vibration attenuation capacity. 
However, the above hypothesis lies with the notion that at the limit of decreasing 
the cells size lays a uniform viscoelastic material with an increased density. 
Nevertheless, increasing the amount of modes does not necessary assure a better 
attenuation capacity. In other words, each dynamic system has a particular optimum 
number of MMDA modes that provide optimum performance. This optimum may 
differ from system to system. 
Effectively, multiplying the MMDA cell number, while substantially reducing their 
size, will resemble the method of surface treatment known as ‘free layer damping’ 
(section 4.4). It is a known fact that using a surface treatment is only beneficial 
when a high density coating is used and the whole surface is treated, rather than a 
limited region of it. 
Nevertheless, the notion of expanding the MMDA to a layer may lead to the global 
vibration attenuation we seek. The next chapter is dedicated to exploring this 
intriguing option. 
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6. ELASTO-INERTIAL DYNAMIC LAYER 
The preceding chapter had been dedicated to the presentation, explanation and 
justification of the multi-modal dynamic absorber. The benefits of using a multi-
modal dynamic absorber have been explained in detail, both from a quantitative and 
qualitative aspect. Nevertheless, it was also established that a beneficial 
supplementation of a multi-modal dynamic absorber is not achieved through a 
straight forward method. Consequentially, a deep understanding of the mechanical 
system is needed to successfully design a suitable multi-modal dynamic absorber. 
This research was prompted through the demand for a method to reduce the 
vibration and noise at electro-optical systems. These systems strongly rely on the 
optical design which relies on the mechanical integrity of the system design. At the 
core of the mechanical integrity lays the optical bench which inhabits the optics and 
sensors in a manner demanded by the optical design. A successful optical bench 
design is crucial for a successful electro-optical system. The need for compactness 
and being light weight at one hand and the need for high integrity in the other hand 
makes the designers task very challenging. An addition to the challenges faced by 
the electro-optical designer comes with achieving high integrity at harsh 
environmental conditions such as dynamic excitation, mechanical shock and 
extreme temperature difference.  
This chapter is dedicated to the development of a wide frequency range and global 
dynamic absorption design concept, tailored for optical applications. This design is 
a wide scale expansion of the concept of multi-cell dynamic absorber. In brief, this 
concept consists of a large number of 3D unit cells (see figure 24) arranged in a 
planar fashion. This structure is then attached to a surface of a mechanical entity to 
form a multi-modal dynamic absorbing layer. This concept will be referred as 
Elasto Inertial Dynamic Layer (EIDL). 
6.1.The Design of Elasto Inertial Dynamic Layer  
The figure below visualizes the concept of the EIDL introduced in the previous 
section. As mentioned, this concept is essentially an extended multi-modal dynamic 
absorber. 
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Figure 72 – Elasto Inertial Dynamic Layer  
 
The section view of the EIDL reveals its analogy to the Multi-modal dynamic 
absorber. The EIDL is constructed through a large number of metal balls embedded 
in a viscoelastic matrix, as shown in the figure below. 
 
Figure 73 – Section view of the Elasto Inertial Dynamic Layer  
 
As suggested before, the EIDL can easily be attached to a planar entity such as the 
plate shown in the figure below.  
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Figure 74 – Elasto Inertial Dynamic Layer attached to a plate  
 
6.2. Normal Modes of a Plate with a Elasto Inertial Dynamic Layer 
In order to visualize the dynamic properties of the EIDL, a simple normal mode FE 
simulation was conducted on the plate shown in figure 74. The plate used is a 46mm 
by 130mm Aluminium plate with variable thickness as shown in the figure below. 
The EIDL, located at the centre of the plate, consists of 25 by 10 cells based on the 
3.2mm unit cell shown in figure 24. Each cell contains a 3mm diameter Steel ball 
embedded into a viscoelastic filler. The simulation assumed free-free boundary 
conditions at the plate corners.  
 
Figure 75 –A 46mm by 130mm Aluminium plate with variable thickness 
Red domain – 7mm thickness, White domain – 3mm thickness 
This simulation revealed a remarkable dynamic behaviour, some of which are 
analogous to the aforementioned Quadcell and Nonacell dynamic absorbers and 
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some are completely different. These modes are shown and explained in the 
following figures. 
 
 
Figure 76 – EIDL 1st mode – 882Hz – in-plane uniform horizontal translation 
 
As seen in the previous chapter on Quadcell and Nonacell structure, the first mode 
of the EIDL is a uniform translation of the cells shown in the figure above.  
 
Figure 77 – EIDL 2nd mode – 907Hz – in-plane opposite horizontal translation 
 
A non uniform translation such as the opposite in-plane translation shown in the 
figure above was also seen at the Nonacell fifth and sixth modes (see figure 58).  
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Figure 78 – EIDL 3rd mode – 908Hz – in-plane contradictory horizontal translation 
This mode of in-plane contradictory horizontal translation is created when one half 
of the EIDL is moving in contrast to the other half. This mode is analogous to the 
Nonacell seventh mode (see figure 59). 
 
Figure 79 – EIDL 4th mode – 922Hz – in-plane swirl translation 
 
The EIDL fourth mode is an interesting mode shape that involves a rotational 
translation of a number of cells. This mode resembles vaguely the Nonacell twelfth 
mode (see figure 63). 
The next seven modes of the EIDL are a permutation of the previous basic four 
modes. Some of the forthcoming modes of the EIDL are higher harmonics of a basic 
mode and some are a combination of a few, three and even four of the basic modes. 
Furthermore, it’s important to emphasize the fact that all of EIDL modes are 
densely spread along the frequency range.  
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 Figure 80 – EIDL 5th mode – 937Hz – in-plane opposite vertical translation 
 
 
Figure 81 – EIDL 6th mode – 956Hz - in-plane swirl and horizontal translation 
combination 
 
 Figure 82 – EIDL 7th mode – 965Hz – in-plane quadruple opposite vertical translation 
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Figure 83 – EIDL 8th mode – 971Hz – in-plane triple opposite horizontal translation 
 
Figure 84 – EIDL 9th mode – 974Hz – in-plane quadruple opposite swirl translation 
 
Figure 85 – EIDL 10th mode – 979Hz – in-plane triple opposite horizontal translation 
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Figure 86 – EIDL 11th mode – 993Hz – in-plane quadruple opposite vertical 
translation 
 
6.3. Plate Vibration Attenuation using Elasto Inertial Dynamic Layer 
The promising dynamic behaviour, shown by the EIDL normal modes in the 
previous section, is brought to the test of vibration attenuation in a simple 
mechanical system. This system, shown in the figure below is exactly the same 
plate with EIDL presented in figure 74, except for an added mass rigidly connected 
to its centre. This mass, set to 700gr, represents a cryogenic cooler engine. 
 
Figure 87 – Elasto Inertial Dynamic Layer attached to a plate with a cryogenic cooler  
The model shown in the figure above represents a typical night vision optical bench 
design. It consists of a rigid base (plate) and cooled optics (cooler). As mentioned 
before, it is imperative that the vibration caused by the cryogenic cooler will be 
Cooler mass 
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amplified as little as possible by the plate to avoid noise radiation. Therefore, the 
aim of the EIDL is to attenuate the vibrations transferred to the plate by the 
cryogenic cooler as much as possible.  
A frequency response simulation is conducted with the system above where the 
cooler is subjected to a sinusoidal excitation at a direction normal to the plate. This 
simulation was made twice, one with EIDL and one without. The results for the 
frequency response curves are given in the figure below. 
 
Figure 88 – Frequency response curves for two cases of free-free plate 
Plate without EIDL (blue), Plate with added EIDL (green) 
 
As it is vividly shown in the figure above, the EIDL contributes to the overall 
vibration attenuation of the plate, from the very low frequency bound to the far end 
of the simulation range. The wide range excitation resulted in the excitation of 
hundreds of modes of the EIDL, with as little as few Hz separating one another. 
Once again, the existence of a multi-modal dynamic absorber entity such as the 
EIDL proves to be effective in vibration attenuation. This effective performance is 
achieved with a negligible added mass penalty of 27gr that is less than 4% of the 
overall mass of the model (800gr). A sensible explanation for how the existence of 
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the many in-plane modes influence the normal dynamic response of the plate is 
given in the next section.  
6.4.Vertical Mode Reshaping 
The previous two sections revealed the dynamic behaviour of the EIDL and its 
vibration attenuation potential. As shown in section 8.2, the EIDL normal modes 
can be characterized as in-plane modes. It was established earlier that the modal 
reshaping capability that the dynamic absorber exhibits provides an effective 
method of vibration suppression. As opposed to the classical dynamic absorber, 
where the resonant mode shape of a structure is attenuated by a motion in a parallel 
direction of a lumped mass, the attached EIDL motion (-modes) is perpendicular to 
the structure mode shapes. In other words, the attached EIDL allows vibration 
attenuation through a modal reshaping in the vertical direction of excitation. This 
phenomenon will be termed as Vertical Mode Reshaping (VMR).  
The novel approach of a Self Damping System presented earlier in section 4.7, has 
introduced the existence of a Wave Pressure phenomenon (Babitsky, Veprik 1993). 
This effect provides the key to understanding the influence of the VMR, on the plate 
normal dynamic response.  
figure 89 illustrates a plate with EIDL and two adjacent EIDL cells. The metal balls 
are represented by two grey circles and the viscoelastic matrix between them is 
represented by a mass-damper couple. In the absence of excitation (upper sketch) 
the EIDL is planar due to zero displacements in the plate. On the other hand, the 
existence of dynamic excitation results in micro displacement along the plate such 
as the first bending mode (lower sketch). Since the upper region of the EIDL is 
submitted to larger displacement than the lower region of the EIDL, a lateral wave 
pressure is generated. 
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Figure 89 –Wave pressure generation in a EIDL 
 
This wave pressure is illustrated in the figure above by two opposite arrows 
representing the lateral displacement of the balls. This results in displacement of the 
balls perpendicular to the structure mode direction, which is the essence of the 
vertical mode reshaping. At any given excitation frequency, different type of wave 
pressure and modes are generated. These wave pressures excite different normal 
modes of the EIDL that dynamically act in suppression of the displacement 
amplitude.  
The concluding issue of this research will be to find how the size of the EIDL cells 
influences its performance. This issue is examined in the next section. 
6.5.The Influence of Cells Size on the EIDL Performance 
In order to better understand the sensitivity of the EIDL to the cell size of the multi-
modal dynamic absorber, an additional couple of cases with different cell size are 
investigated. These cases are EIDL with a unit cell size of 4mm and 5mm, attached 
to the same plate used before. Due to the constraint of keeping the EIDL dimensions 
to a 32mm by 80mm, the number of cells used in the 4mm EIDL is 152 (8X19) and 
the number of cells used in the 5mm EIDL is 90 (6X15). The figure below 
demonstrates the dimension difference between the 3mm EIDL and the 5mm EIDL. 
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Figure 90 – Two cases of a Plate with added EIDL, up - 5mm EIDL, bottom – 3mm 
EIDL  
Furthermore, in order to understand the sensitivity of the EIDL to the general mass 
of the Multi-modal dynamic absorber, each of the former cases is investigated with 
three different ball densities. For each of the EIDL cases, the metal balls density 
was alternated between Tungsten -  [ ]3/19300 mmkgtung =ρ  , Steel 
[ ]3/7800 mmkgSt =ρ  and Aluminium - [ ]3/2700 mmkgAl =ρ .  
Alternating both the cell size and the metal ball densities has generated nine cases 
of EIDL. For each of these cases, a frequency response simulation was conducted, 
where the cooler was subjected to a sinusoidal excitation as in the previous case. 
The results for these frequency response simulations are given in the figures below. 
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Figure 91 – Frequency response curves for four cases of free-free plate 
Plate only (blue), Plate with added Steel ball EIDL (green),  
Plate with added Aluminium ball EIDL (pink), Plate with added Tungsten ball EIDL 
(red) 
 
The figure above is essentially identical to figure 88 except for the added cases of 
the tungsten and aluminium. It can be seen that the tungsten case demonstrates 
better performance at the lower frequency range and the Aluminium case is better at 
the higher frequency range. Taken as a whole, the preferred option for the 3mm 
EIDL would be the Steel ball due to its global attenuation performance over the 
whole frequency range. 
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Figure 92 – Frequency response curves for four cases of free-free plate 
Plate only (blue), Plate with added Steel ball EIDL (green),  
Plate with added Aluminium ball EIDL (pink), Plate with added Tungsten ball EIDL 
(red) 
 
The response manners of the 4mm EIDL curves are quite similar to the 3mm EIDL 
in a qualitative point of view. The figure above shows again that the Tungsten case 
demonstrates better performance at the lower frequency range and the Aluminium 
case is better at the higher frequency range. Yet again, the preferred option for the 
4mm EIDL would be the Steel ball due to its global attenuation performance over 
the whole frequency range. 
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Figure 93 – Frequency response curves for four cases of free-free plate 
Plate only (blue), Plate with Steel ball EIDL (green),  
Plate with Aluminium ball EIDL (pink), Plate with Tungsten ball EIDL (red) 
 
In the case of using a 5mm EIDL it can be seen in the figure above that the better 
vibration attenuation performance is achieved through the Aluminium ball EIDL 
case. The Aluminium demonstrates a dominant performance over the whole 
frequency range. 
figure 94 below sums up the attenuation capacity differences between the different 
ball sizes EIDL, given in figures 91 to 92. The points in figure 94 represent the 
amplification values for the first resonance frequency of the plate (approximately 
1000Hz) in the different ball size based EIDL. It can be roughly deducted from 
figure 94 that for the specific case illustrated in figure 75, the attenuation capacity 
has an optimum value at a ball diameter of 4mm in all EIDL cases. This result 
vindicates the assumption that adding more mass to the EIDL would not necessarily 
enhance its vibration attenuation capacity. 
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Figure 94 – Amplification curves for first resonance frequency vs. ball size 
Steel balls (green), Aluminium balls (pink), Tungsten balls (red) 
6.6.Influence of structural damping on Elaso Inertial Dynamic layers performance 
The impressive results given in figures 91 to 94 bring up the question- what is the 
major damping effect ruling the EIDL performance? Is it the structural damping of 
the viscoelastic mesh (- viscous effect), or is it the Vertical mode reshaping effect (- 
dynamic absorber effect) of the EIDL? 
To answer this question an additional simulation was made on a thin plate EIDL 
once when the viscoelastic matrix has structural damping and once with no dumping 
at all. The acoustic mobility profiles for each case are given in figure 95. It can be 
deducted from figure 95 that the structural damping has a minor effect on the EIDL 
performance. The viscous effect does reduce slightly the resonance peak level but 
the overall performance remains unchanged and affected mainly by the vertical 
mode reshaping effect. In reality, the EIDL would perform similar to the structural 
damping case. 
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Figure 95 –Structural Damping effect of the EIDL 
 
6.7.Concluding Remarks 
This chapter reviewed the direct extension of the development of the multi-modal 
dynamic absorber, to the expended conceptual model of the EIDL. This is done in 
order to achieve a conceptual model that has a global, wide frequency range and 
effective dynamic absorption of vibration in electro-optical systems. The EIDL has 
proven to be effective in a wide frequency range excitation and with a negligible 
volume and weight penalty pay. The simple design of the EIDL allows a simple 
straight forward attachment to any mechanical system, and optical systems in 
particular. 
The next task of this research would be to test the aforementioned models in a full 
scale mechanical system to prove its substantial ability of vibration attenuation. 
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7. EXPERIMENTAL VALIDATION 
This chapter reviews the various experiments conducted in order to validate the 
main hypothesises throughout the thesis. All of the experiments were conducted by 
the author including the design of the experiments. The experimented specimens 
used were as close as possible to the FE concept models.  
7.1.Experimental Validation for the Acoustical Stealth Design Procedure  
The optimization procedure for achieving acoustical stealth is validated here 
through a set of experiments. As mentioned in section 3.1.5, the optimization 
procedure consists of two stages. The first stage involves the addition of optimal 
vibration protective pad. The second stage applies the “weak radiator” concept by 
adding a rigidly connected correction mass to the structure, in order to achieve a 
further reduction of the acoustic mobility. Additionally, an expansion of the concept 
of the ‘weak radiator’ is applied through the replacement of the heavy correction 
mass by a light-weight tuned dynamic absorber. 
7.1.1.  Plate with Rigidly Mounted Cryogenic Cooler 
As a starting point, a 700gr cryogenic cooler is mounted to a 200mm by 150mm 
aluminium plate with a 3mm thickness. The plate represents a typical infrared 
imager enclosure. The plate coordinate system is illustrated in the figure below.  
 
Figure 96 –Aluminium plate coordinate system 
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As illustrated in figure 96 the cryogenic cooler (1) is mounted at a (75, 33) mm 
coordinate. In addition, an accelerometer (2) is located at (26,120) coordinate. The 
additional correction mass or light-weight tuned dynamic absorber is represented by 
(3). 
Figure 97 below describes the experimental rig where the aluminium plate (3) is 
mounted to a rigid fixture (1) through four soft foam blocks (2) in order to provide 
it with a free-free boundary condition. The vibration resulting from the cryogenic 
cooler operation (4) is measured using a Data Physics analyzer Quattro (6) and a 
Brüel & Kjær accelerometer (5). The data from the analyzer is recorded by laptop 
(7) using Signalcalc software. The upper image of figure 97 is the actual test rig. 
 
 
 
Figure 97 –Experimental setup for aluminium plate vibration measurement 
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The vibration profile which was measured whilst the cryogenic cooler is rigidly 
mounted to the plate and operated is given in the figure below. It can be seen that 
the plate is strongly affected by the wide frequency band vibration export of the 
cryogenic cooler. 
 
Figure 98 – Vibration profile of a plate with rigidly mounted cryogenic cooler 
 
7.1.2.  Plate with cryogenic cooler mounted through a Vibration Protective PAD 
As mentioned earlier, the first stage of the optimization procedure is finding the 
optimal mechanical properties of the vibration protective pad. The vibration 
protective pad used here is the same viscoelastic silicon rubber that was suggested 
by (Veprik et al. 2006). Figure 99 illustrates the vibration protective pad comprising 
of a bottom plate (1) used for mounting upon the enclosure and top plate (2) for 
mounting the cooler housing. These plates are bonded to each other using the 
moulded silicon rubber layer (3). A cryogenic cooler mounted through a vibration 
protective pad is shown in figure 100. By alternating the silicon layer height and 
curing process the overall PAD mechanical properties can be adjusted. 
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Figure 99 – Vibration Protective pad  
 
Figure 100 – A cryogenic cooler mounted through a vibration protective pad  
 
 
Using the optimization procedure, the optimal vibration protective pad resonance 
frequency and loss factor were found to be 85Hz and 0.017 respectively. 
Consequentially, a detailed FE model of the PAD was used to calculate the desired 
Pad 
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height of the silicon layer. In order to validate the pad has the desirable mechanical 
properties; an additional experimental setup is used in order to measure its 
transmissibility curve. This experimental setup is illustrated in figure 101 and the 
upper image of figure 101 is a photo of the actual test rig. The cryogenic cooler (3) 
is mounted through a vibration protective pad (6) to a plate. The plate is (2) rested 
on a rigid fixture (1) through a flexible foam block. An impact hammer (7) is used 
to induce vibration to the plate in close proximity to the base of the pad. A couple of 
Brüel & Kjær accelerometers and a Data Physics Quattro (8) analyzer are used to 
measure the vibration. One accelerometer is located at the base of the pad (4- input) 
and other at the cooler body (5-output). The vibration data from the analyzer is 
recorded by laptop (9) and a transmissibility curve is produced using Signalcalc 
software. 
 
 
Figure 101 –Transmissibility curve measurement experimental setup 
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It is important to emphasize that the cooler is not operated during the measurement 
of the transmissibility curve. 
 
 
Figure 102 – Measured transmissibility curve of a cooler  
mounted trough a vibration protective pad 
 
It can be seen from the measured transmissibility curve illustrated in figure 102 that 
the cooler has a resonance frequency of 84Hz and a 0.015 loss factor. 
Now that the vibration protective pad is validated, the next step would be measuring 
the vibration induced at the plate when the cooler is mounted through the pad. 
Figure 103 shows a comparison of a measured vibration profile between the earlier 
case of a rigidly mounted cooler (reference) and the current case of a cooler 
mounted through a pad (pad only). Note the wideband vibration reduction is only 
apparent at the high frequencies band. As mentioned in the simulation results, this is 
a typical phenomenon for a vibration isolator. 
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Figure 103 – A comparison of the measured vibration profile between the case of a rigidly 
mounted cooler (reference) and the case of a cooler mounted through a pad (pad only) 
7.1.3.  Adding a correction mass to further reduce the plate vibration export 
The second stage of the optimization procedure is the addition of a correction mass 
at a specific location along the plate in order to achieve a weak radiator 
characteristic (see section 3.5.1.2). The desired optimal mass and location, set by 
the optimization procedure are: a 137gr mass located at a (18.4, 29.7) mm 
coordinate. The same experiment setup illustrated in figure 97 is used to measure 
the vibration export of the plate with a correction mass.  
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Figure 104 – A comparison of a measured vibration profile between a rigidly mounted 
cooler (reference) a cooler mounted through a pad and added 137gr correction mass (pad 
and mass) 
It can be seen from figure 104 that adding the correction mass has a profound 
contribution in minimizing the vibration at the lower bound of the frequency rage. 
Adding the mass literally cuts off the first peak of the reference vibration curve and 
doesn’t affect the vibration isolator pad filtering at the high frequency bound. 
7.1.4. Replacing the heavy correction mass with a lighter vibration absorber 
As mentioned earlier in the simulation section, the heavy correction mass can be 
replaced with a much lighter dynamic absorber to reduce the weight penalty pay. 
This is achieved without reducing the vibration attenuation capacity associated with 
Correction mass 
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using the heavy correction mass. The optimization procedure calculated that a mass 
of 45gr located at (40, 60) coordinate is sufficient for keeping the same vibration 
reduction in the pad and heavy correction mass case. The dynamic absorber should 
have an optimum resonance of 80Hz. Using the same setup illustrated in figure 100; 
a validation experiment was conducted to measure the dynamic absorber resonance 
frequency. As illustrated in figure 105 the resonance frequency of the dynamic 
absorber is approximately 82Hz. The dynamic absorber consists of 42gr tungsten 
mass and a couple of silicon grommets arranged in a chain.  
The next step is discarding the heavy correction mass and attaching the dynamic 
absorber in the exact location suggested by the optimization procedure. The 
vibration profile measured for the case that the cryogenic cooler is mounted to the 
plate through a pad and a dynamic absorber is used instead of a large mass, is given 
in figure 106. Figure 106 contains also the earlier case of using a correction mass. 
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Figure 105 – Transmissibility curve for the 45gr Dynamic absorber 
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Figure 106 – A comparison of the measured vibration profiles: Pad and 137gr mass Vs 
pad and 45gr dynamic absorber 
 
It can be seen from figure 106 that the same vibration attenuation achieved with 
using a heavy 137gr correction mass is achievable through using a much lighter 
dynamic absorber. 
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7.1.5. Concluding remarks 
The experimental work in this section has successfully validated the effectiveness of 
the Acoustical Design Procedure. A factual mechanical system was tested to 
evaluate the procedure efficiency. This system consists of an actual cryogenic 
cooler used in many existent thermal imagers and the aluminium plate is an 
adequate replica of the imager’s enclosure. It has shown that adding a vibration 
protective pad contributes to the vibration export reduction of the system at the high 
frequency band. Adding a correction mass has proven to successfully reduce the 
vibration export of the system at the lower frequency band. Furthermore, the use of 
a light weight vibration absorber proved to be as efficient as a large correction mass 
in the overall performance of the system. 
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7.2.Experimental Validation of the Multi-modal Dynamic ABSORBER 
The concept of Multi-modal Dynamic Absorber (MMDA) has been discussed in 
chapter 5. A gradual process of investigating the potential of MMDA started with 
understanding the benefits of a single cell 3D dynamic absorber and followed by 
joining cells to create Quadcell and Nonacell MMDA.  
The manufacturing technique of the MMDA is shown in figure 107. A few steel 
balls are placed at a specific location inside a Teflon tray. The Teflon tray is 
essentially a casting ‘bath’ which is filled with silicon. According to the MMDA 
type and geometry, a number of pits are drilled at the bottom of the Teflon bath in 
order to keep the steel balls in place during the casting process. Owing to the silicon 
high viscosity and the balls low mass there is no contact between the Teflon and the 
balls. The Teflon bath is placed in a 200˚c preheated oven for two hours in order for 
the silicon to be cured.  
 
Figure 107 – MMDA Teflon casting tray  
In order to quantify the actual vibration attenuation capacity of the different MMDA 
types, a mechanical system similar to the one used in the simulation is examined. A 
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cantilever beam made of stainless steel with 1mm thickness, 70mm length and 
19mm width is fixed at its edge. A series of measurements of the beam transfer 
function with different cases of MMDA is investigated in this experiment. The 
actual experiment setup is given in figure 108 and rig is schematically illustrated in 
figure 109. 
 
 
Figure 108 – Actual Experiment setup for MMDA 
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Figure 109 – Experimental rig diagram for beam with MMDA 
 
The beam (5) is mounted through a rigid fixture (3 - 4) rested on the ground (1) 
through a flexible foam block (2). An impact hammer (8) is used to induce vibration 
to the beam in close proximity of its fixed edge. A couple of Brüel & Kjær 
accelerometers and a Data Physics Quattro (9) analyzer are used to measure the 
vibration. One accelerometer is located near the beam fixture (7- input) and other at 
the beam free edge (6-output). The vibration data from the analyzer is recorded by 
laptop (10) and a transfer function curve is produced using Signalcalc software.   
The measurements of the transfer function for the different cases are shown in 
figure 110 and figure 111 provides a close up view. It can be seen that there is a 
clear difference between the classical 1D dynamic absorber and the other MMDA’s. 
The 1D classic dynamic absorber has the worse attenuation capacity than all the 
other MMDA’s, through the whole frequency band. When looking at figure 111 in 
more detail, it seems that the Quadcell has a superior vibration attenuation capacity 
on the Single cell and the Nonacell MMDA. This is true for the particular 
mechanical system illustrated in figure 109. This verifies the simulation results 
given in chapters 5 and 6. 
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Figure 110 –Cantilever beam transfer function with MMDA 
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Figure 111 – Cantilever beam transfer function with MMDA – close up view 
An additional case investigated using the experiment rig illustrated in this section is 
the vibration attenuation capacity of the Elasto inertial dynamic layer (EIDL). As 
explained in section 6.1, the distributed dynamic absorber is a collection of 
MMDA’s joined together to create a layer. The vibration attenuation capacity of the 
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EIDL will be widely investigated in the next section. Nevertheless, the aim of the 
experiment below is to see whether a layer with a miniature particle size would 
make an efficient absorber. The EIDL used is shown in figure 112. This EIDL is 
essentially a layer of silicon that embeds a large number (-hundreds) of particles. 
 
 
Figure 112 – EIDL – close up view 
 
The EIDL is attached to the beam using an RTV and the beam transfer function is 
measured using the same boundary conditions and excitation technique described 
earlier (see figures 109 and 113).The transfer function measurements, compared 
with the Quadcell case, is given in figure 114. It can be seen that once again, the 
Quadcell has superiority over the EIDL in every parameter. The EIDL has ten times 
the mass of the Quadcell and still its attenuation performance seems negligible 
compared with any of the MMDA cases. 
These results support the hypothesis in section 5.3.2.2 which lies with the notion 
that at the limit of decreasing the particle size lays a uniform viscoelastic material 
with an increased density. In other words, the profile shown in figure 114 resembles 
the case of a beam with added mass and consequentially lower frequency mode 
shapes. 
     
 
 
 
 
130 
 
Figure 113 – experimental rig for a cantilever beam with fitted EIDL  
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Figure 114 – Cantilever beam transfer function with EIDL compared with a Quadcell 
MMDA 
 
 
EIDL 
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7.3.Experimental Validation of the concept of Elasto-Inertial Dynamic Layer 
As described in chapter 6, the Elasto Inertial Dynamic Layer (EIDL) is essentially 
an expanded MMDA. Chapter 6 reviewed the direct continuation from the 
development of the multi-modal dynamic absorber, into its expansion to the 
conceptual model of the EIDL. The EIDL is constructed through a large number of 
metal balls embedded in a viscoelastic matrix as shown in figure 115. A detailed 
simulation data showed evidence that this conceptual model has an overall, wide 
frequency range and effective dynamic absorption of vibration of mechanical 
systems. The EIDL has proven to be effective in a wide frequency range excitation 
and with a negligible volume and weight penalty pay. This section is dedicated to 
quantifying the promising attenuation capacity of the EIDL. 
7.3.1.  Plate with an Embedded Elasto Inertial Dynamic Layer – Manufactured 
Specimens  
As described by the FE models, the plate used in the experiments is a 48mm by 
123mm with a 7mm thickness and made of aluminium. This plate has a centred 
machined void of 3mm depth and in 32mm by 80mm dimensions. The EIDL was 
constructed according to the following steps. First, the exact number of steel balls 
was placed into the void. Then silicon had been injected into the void to fill the gap 
between the balls. The following stage was the organization of the balls in rows and 
columns using a slender pin. This stage had to be carried out as accurate as possible 
in order to achieve the same ball relation used in the FE models. Finally, placing the 
plate in a 200˚c preheated oven for two hours for the silicon to cure.  
 
Figure 115 – EIDL Embedded in an Aluminium plate 
     
 
 
 
 
132 
A total of nine different specimens with different EIDL configurations had been 
manufactured using this technique. In addition, a plate void without EIDL had been 
used as a reference. Table 1 reviews the different specimen’s properties.  
 
     
Specimen 
Property 
3* 3X 4 4X 5 5X Combined Si-only 
Ball 
Diameter 
3mm 3mm 4mm 4mm 5mm 5mm 3mm-96 
4mm-54 
5mm-30 
None 
Number 
of Balls 
250 
25X10 
312 
26X12 
152 
19X8 
175 
19X5,20X4 
90 
15X6 
108 
15X4,16X3 
None 
EIDL 
Mass 
31gr 36gr 42gr 48gr 50gr 58gr 46gr 8gr 
*Square=, Packed=X 
Table 1- EIDL Specimen’s Properties 
 
Note that the specimens marked as Square () are specimens that match the FE 
models (see figure 115). Specimens that contain the maximum balls possible (see 
figure 117) are marked as Packed (X). Furthermore, a ‘combined’ configuration of 
EIDL that inhabit the three different ball diameters are marked as Combined. 
Finally, a specimen with a void filled with silicon only is marked as SI-only. 
 
Figure 116 –EIDL Specimens 
 
Combined 
Si-only 
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Figure 117 –EIDL Specimens 
7.3.2.  Plate with an embedded Elasto Inertial Dynamic Layer – Frequency 
response curves 
The Experimental rig used to measure the plates with EIDL transfer function, is 
illustrated in figure 118 accompanied by an actual photo (figure 119). The Plate (3), 
loaded with a 710gr mass (4) that simulates the mass of the cooler, is rested on the 
ground (1) through a flexible packing foam block (2). An impact hammer (6) is used 
to induce vibration to the beam. A Brüel & Kjær accelerometer (5) and a Data 
Physics Quattro (7) analyzer are used to measure the vibration and the force induced 
by the impact hammer. The vibration data from the analyzer is recorded by laptop 
(8) and a transfer function curve is produced using Signalcalc software.  
The transfer function curves measured are given in figures 120 and 121. The figures 
also include the measured curve for the case of an aluminium plate without EIDL as 
reference. 
 
3 
4 
5 
3X 
4X 
5X 
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Figure 118 – Aluminium plate with EIDL loaded with 710gr mass  
 
Figure 119 –Experimental rig diagram 
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Figure 120 –EIDL Transmissibility curves – Square Vs. Reference 
 
Figure 121 –EIDL Transmissibility curves – Packed vs. Reference 
It can be seen from figures 120 and 121 that the best absorption capacity is reached 
in the case with a 4mm diameter ball size. This was also inferred by the simulation 
on section 6.5. That goes for both the case of Square and Packed configuration. The 
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figure below shows the difference between the two best cases, i.e. 4mm Packed and 
4mm Square. 
 
Figure 122 –EIDL Transmissibility curves – 4mm Packed vs. 4mm Square 
 
It becomes visible from figure 122 that the 4mm Square case has a better 
attenuation capacity over the higher frequency range and a worse attenuation 
capacity at the 500Hz peak region. It is important to stress that the results are 
correct to the point of measurement, i.e. 22mm from the plate edge. In order to get 
an enhanced prospective of the EIDL performance, a Microphonics measurement is 
taken for each of the cases at the next section.  
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7.3.3. Plate with an Embedded Elasto Inertial Dynamic Layer – Microphonics 
The most consistent way to assess the EIDL noise reduction capacity is through 
using a microphone to measure its true noise radiation. Using a Brüel & Kjær type 
2669 microphone (figure 123) allows an accurate noise radiation measurement of 
the whole plate surfaces. As opposed to earlier measurements which gave a general 
impression over a limited region of the specimen, using a microphone provides an 
insight of the EIDL capacity at the system level as a whole.  
The experimental rig used to measure the plates noise radiation is illustrated in 
figure 125, accompanied by an actual photo (figure 124). The plate (3) is rested on 
ground (1) through a flexible packing foam block (2). An impact hammer (4) is used 
to induce vibration to the plate. A Brüel & Kjær type 2669 microphone (5) with a 
power supply (6) connected to a Data Physics Quattro (7) analyzer are used to 
measure the vibration and the force induced by the impact hammer. The vibration 
data from the analyzer is recorded by a laptop (8) and a transfer function curve is 
produced using Signalcalc software. 
 
       
Figure 123 – Brüel & Kjær type 2669 Microphone and power supply unit  
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Figure 124 –Microphonics Experimental rig Photo 
 
Figure 125 –Microphonics Experimental rig diagram 
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The figures below show the acoustic radiation measurements taken for each of the 
EIDL configurations given in table 1. As seen in figure 126, the reference 
measurement comprised of many sharp narrow peaks, is evidence of a wide range 
noise radiation. Those peaks are dramatically reduced by each of the Square EIDL 
configurations.  
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Figure 126 –Microphonics measurements for Square EIDL configurations 
 
Furthermore, it can be seen that the specimen Si-Only has negligible noise reduction 
and serves no purpose in vibration attenuation.  
An even more dramatic peak cut off can be seen in figures 127a and 127b, where 
the ‘Combined’ EIDL configuration (see figure 116) flattens the whole noise 
radiation profile to a staggering 1% of the noise levels, over an impressive 20 kHz 
frequency range. Figure 128 show a comparison between the 4mm EIDL 
configuration to the ‘Combined’ one. It can be seen that the combined EIDL 
configuration is by far the most efficient case among the examined configurations. 
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Figure 127a –Microphonics measurements for Packed EIDL configurations 
 
Figure 127b –Microphonics measurements for Packed EIDL configurations –zoom view 
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Figure 128 – 4mm Packed Vs Combined EIDL configuration 
7.3.3.1.Finite element simulation validation 
In order to validate the integrity of the previous FE models, a comparison between 
the measurement data and the simulation results is given in figure 129. The 
complexity of the detailed Finite element model coupled with the vast amount of 
degree of freedoms and the wide band of frequency range, demanded a high 
performance computer server (HPC) working for several days. Even with this state 
of art simulation software (MSC/Nastran) and HPC, the simulation was limited to a 
10 kHz frequency range (due to a limit of 1000 modes of calculation). 
With these limitations in mind, only the 4mm square configuration was simulated. 
Figure 129 shows a fair correlation between the simulation results and the measured 
data. The simulation result matches the measurements in the lower frequency band 
better than the upper frequency band. This is explained by to the limited capacity of 
the FE model to capture the high order modes of the model dynamic behaviour. 
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Figure 129 – 4mm Packed Vs Combined EIDL configuration 
 
7.3.4. Plate with an Embedded Elasto Inertial Dynamic Layer – Conclusion 
The experimental work in this section successfully validates the effectiveness using 
an embedded EIDL to reduce noise radiation. The tested mechanical system is an 
adequate replica of the imager’s optical bench and an example of the simplicity of 
incorporating the EIDL. It has shown that adding EIDL contributes to noise export 
reduction of the system at a wide frequency band. The noise levels are reduced to a 
staggering 1% of the reference noise levels, over an impressive 20 kHz frequency 
range. This is achieved through a minimum system design alteration and a 
negligible weight addition.  
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8. FINAL DISCUSSION AND CONCLUSION 
 
Novel tactics for carrying out military and antiterrorist operations calls for the 
development of a new generation of infrared imagers, which convert the thermal 
battlefield into a dynamic visual imagery. The IR imager ability to detect heat 
enables sight in complete darkness and provides Special Forces with a means to 
minimize casualties and collateral damage. It is established that the best technology 
for the true IR heat detection is the cooled detector (Gething 2005).  
The superior performance of cooled IR imagers is achieved through novel optronic 
technologies along with cooling the infrared sensors down to cryogenic 
temperatures using closed cycle Stirling cryogenic engines. The associated cooling 
process accompanied with the imager thin walled structure, results in wideband 
vibration and noise radiation. The ‘noisy’ thermal imager, originally designed for a 
noisy battlefield, may be detected from quite a long distance. It is obvious that the 
ability to ‘see’ at complete darkness loses its advantage when the threat of early 
detection is increased. In other words, a ‘noisy’ IR imager is a useless one.  
Therefore, features such as aural stealth, enhanced imagery, compactness, low 
power consumption and long life-times become crucial figures of merit 
characterizing the modern Infrared imager.  
In order to suppress the noise radiation of the cooled IR imager a comprehensive 
optimization procedure is introduced. This acoustical stealth design procedure relies 
on the theory of vibration isolation, the weak radiator concept and detailed FE 
simulation. The results obtained using this procedure demonstrates a profound 
efficiency in reducing the acoustic mobility, and thus the noise radiation of the 
imager design in a wide band frequency range. This is achieved at negligible cost 
and volume capacitance, without any reduction of the system visual imagery 
performance. A comprehensive experimental validation of the optimization 
procedure had been presented in chapter 7. 
In order to achieve a more profound method with wider bandwidth of vibration 
attenuation, the Multi-modal dynamic absorber (MMDA) is introduced. The 
MMDA provides a new vision of a unique mechanical structure that has numerous 
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resonances over a wide frequency range and therefore, provides wideband vibration 
attenuation. The MMDA structure is based on an expansion upon the concept of the 
classical Tuned Dynamic Absorber (TDA) theory.  The MMDA’s advantage of 
having numerous resonances over a wide frequency range serves as a powerful 
dynamic absorber and results in impressive wide frequency range vibration 
attenuator. A number of MMDA configurations were simulated and proven 
experimentally to have above potential. 
A direct continuation from the development of the multi-modal dynamic absorber 
was expanding it to the novel conceptual model of the EIDL. This is done in order 
to achieve a conceptual model that has a global, wide frequency range and effective 
dynamic absorption. Thanks to the simple design of the EIDL, it allows a simple 
attachment to any optical system. A profound simulation work has been made to 
investigate the EIDL vibration attenuation capacity. An extensive experimental 
work had successfully validated the effectiveness using an embedded EIDL to 
reduce noise radiation. The tested mechanical system used was an adequate replica 
of the imager’s optical bench and serves as a good example for the simplicity of 
incorporating the EIDL. It has shown that adding EIDL had contributed to noise 
export reduction of the system at a wide frequency band. The noise levels were 
reduced to a staggering 1% of the reference (without EIDL) noise levels, over an 
impressive 20 kHz frequency range. This is achieved through a minimum system 
design alteration and a negligible weight addition.  
Incorporating the above knowledge in two different IR imagers design made them 
inaudible at greater than 8 meters. This was validated through full scale imager 
experiments. A complete test report of one of these cases is given in appendix A. 
Achieving the above allowed the imager design to comply with the stringent MIL-
STD-1774D (Level II) requirements. 
8.1.Future work 
As shown in section 7.3.3, the EIDL configuration that revealed the most effective 
noise suppression capacity was the ‘combined’ sample. This configuration of EIDL 
inhabits three different ball diameters arranged in an unusual order as shown in 
figure 116. An interesting future work from this research would be investigating 
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why does a disordered EIDL have a better absorption capacity than an ordered one 
(shown in figure 115). Moreover, it would be beneficial to investigate how the level 
of disorder influences the EIDL absorption capacity. 
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APPENDIX A: AURAL UNDETECTABILITY DISTANCE 
MEASUREMENT OF MILITIARY GRADED IR IMAGER PER 
MIL-STD 1474D 
 
I. Overview  
 
The purpose of this test was to measure the aural performance of a commercially 
produced IR imager when the ‘Aural stealth procedure’ (chapter 3) is implemented. 
Figure A1 portrays the vibration protective pad similar to the one described in 
figure 98 and figure A2 describes the mounting of the pad to the imager enclosure. 
 
                                        
         
Figure A1– Vibration protective pad 
 
  
 
Figure A2- Assembly stage 1 
Vibration 
protective pad 
mounted upon the 
imager enclosure 
IDDCA 
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Figure 3 shows the IDDCA mounted inside the camera enclosure. 
 
 
Figure A3 – Assembly stage 2 
 
The testing was carried out in hemi-anechoic chamber, as portrayed in figure A4, 
where the IR imager is mounted 1.2 meters above the floor using a tripod and a 
microphone is distanced 2 meters away from the imager.  
 
 
Figure A4 – Test setup  
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II. Experimental outcomes 
 
 
Figure A5 compares the performance of using a vibration protective pad and using a 
pad and a corrective mass. The requirements of the MIL STD 1474D (LEVEL II) to 
the aural non-delectability distances are also superimposed In figure A5 for 
reference. From figure A5, the novel pad yields essential attenuation of the radiated 
noise over the frequency range 200-2000Hz. As predicted in chapter 3, adding the 
corrective mass provides further reduction of the noise levels. 
 
 
Figure A5 – Noise level measurements  
 
 
In summary, using the novel pad produces the compliance with the 30 meters 
requirement, whereas adding the vibration corrective enables 10 meters requirement 
compliance. It is important to mention that the imager original design, which did not 
include the vibration protective pad and the corrective mass, was aurally detectible 
from 50 meters. 
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APPENDIX B: FINITE ELEMENT DAMPING MODELS 
In MSC/NASTRAN, damping is divided into two types: viscous and structural. The 
two types of damping perform different functions. Viscous damping is used to 
simulate actual structural damping elements whereas structural damping is used to 
simulate the inherent damping properties of materials. The two damping types can 
be combined to model the damping characteristics of a structure. 
I. Viscous Damping  
Viscous damping is input using discrete damping elements (CVISC and CDAMPi). 
Because stable damping situations are difficult to model using discrete elements, the 
CVISC and CDAMPi elements are not used to add stability to a structure during 
transient response analysis. They are used mainly to model actual damping 
components in a structure, such as hydraulic dampers and viscous interface 
material. When using the discrete elements in this situation, the major relative 
motion is assumed to be between the coupled degrees of freedom or along the initial 
axis connecting the grid points. 
II. Structural Damping 
Structural damping is a global damping proportional to the stiffness. The matrix is 
formed from the input in the GE field of MATi or via PARAM G, PARAM W3, and 
PARAM W4. Structural damping is included in a model in an attempt to simulate 
the intrinsic material damping. The user should choose a realistic value (0.5% to 
4%), dependent upon the material in the model. A light-weight metal structure may 
only have a 0.5% damping value, whereas a composite material may have a 4% 
damping value. A change in the damping value may have a significant effect on the 
calculation of the response. A minimum value of 0.03 x W4 x ∆t is recommended 
for stability, regardless of the material. 
 
The viscous damping force is proportional to velocity, i.e., 
)(tpkuucum =++ &&&  
The structural force is proportional to displacement, i.e., 
0)1( =++ kuigum &&  
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Viscous and structural damping are related by 
c = gω nm =
g
ω n
k  
Or  
g =
cω
k
= 2ξ ω
ω n
 
With 
ξ = c
2mω n
 
 
Which results in an equivalence at resonance with 
g = 2ξ  
 
